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Abstract

The shock absorber is one of the most important parts of the automotive suspension
which is primarily influencing the ride and handling properties of the vehicle. Apart
from this traditional low-frequency range of operation, automotive dampers can be a
source of undesired high-frequency content that might lead to a range of expensive and
difficult-to-solve problems, particularly when detected at the late stage of the design
development project. With the growing popularity of advanced shock absorber designs,
there is a demand for the ability to predict the dynamic behavior of the damper by means
of computer modeling. Due to the multi-physical complexity of the shock absorber and
the large number of physical characteristics involved, this task poses a significant challenge
for the design teams, despite the rich scientific material and literature in that field. In
order to address the aforementioned needs, the presented dissertation includes a review
of the current state of the art in the field of automotive shock absorbers and methods
of computer modeling of their behavior. Based on this knowledge and needs formulated
during cooperation with the industrial partner engineering community, a model of the
semi-active shock absorber has been proposed which is capable of reliably reproducing
axial dynamics of the shock absorber up to 500 Hz by capturing various physical aspects
of the valve operation and compliance of the damper as well as vibroisolators. In order
to facilitate the practical application of the proposed model, a calibration procedure was
necessary to estimate the values of the parameters that could not be directly obtained
from the technical documentation. The first approach included parameter estimation
performed at isolated test setups which required multiple experimental measurements.
Despite the good quality of the model calibration, due to complex testing procedures, this
approach was deemed difficult for industrial implementation. For that reason, a second
approach was proposed. It relied on a much simpler experimental procedure thanks to
the advanced sensitivity-based parameter estimation method. Throughout the project,
the quality of the model and reliability of parameter calibration has been proven using
multiple measurements performed at various assembly level.
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Streszczenie

Amortyzator to jedna z najistotniejszych części zawieszenia samochodowego, która w
dużej mierze wpływa na właściwości jezdne pojazdu związane z przyczepnością i kom-
fortem. Oprócz podstawowego (niskoczęstotliwościowego < 30 Hz) zakresu pracy za-
wieszenia dla jakiego amortyzatory samochodowe są projektowane i kalibrowane, kon-
strukcje te, mogą być również źródłem niepożądanych drgań wysokoczęstotliwościowych,
których rozwiązanie nierzadko jest trudne i kosztowne, zwłaszcza jeśli problemy te zostają
wykryte na późnym etapie rozwoju konstrukcji. Wraz z postępującym rozpowszechni-
eniem zaawansowanych konstrukcji amortyzatorów trudności w ocenie ryzyka wystąpi-
enia niepożądanych charakterystyk dynamicznych rośnie. Stwarza to potrzebę rozwoju
komputerowych narzędzi pozwalających na ocenę dynamicznego zachowania amortyz-
atorów nawet na wczesnym etapie projektowania. Pomimo bogatego zasobu literatury
naukowej w zakresie modelowania komputerowego tego typu konstrukcji, ze względu na
wysoką złożoność amortyzatora i dużą liczbę cech fizycznych z nim związanych, zadanie
to stanowi istotne wyzwanie dla środowiska przemysłowego. Wychodząc naprzeciw pow-
yższym potrzebom, w prezentowanej rozprawie dokonano przeglądu aktualnego stanu
wiedzy w zakresie amortyzatorów samochodowych oraz metod komputerowego modelow-
ania ich zachowania. W oparciu o tę wiedzę i potrzeby określone we współpracy ze śro-
dowiskiem inżynierskim partnerów przemysłowych zaproponowano model amortyzatora
półaktywnego, który jest w stanie wiarygodnie odtworzyć dynamikę osiową w zakresie
do 500 Hz poprzez dokładne oddanie aspektów fizycznych wpływających na działanie
systemu amortyzatora. Ze względu na złożoność zaproponowanego modelu, istotnym
utrudnieniem uniemożliwiającym jego praktyczne wykorzystanie jest konieczność rzetel-
nego określenia wartości parametrów wejściowych. Z tego powodu, kolejnym etapem
pracy było przygotowanie procedury kalibracji parametrów modelu, których nie można
uzyskać bezpośrednio na podstawie dokumentacji technicznej. W celu jak najlepszego
dostosowania rozwijanych metod do potrzeb środowiska przemysłowego, w toku dokt-
oratu zaproponowano dwa odrębne od siebie podejścia które pozwalają na kalibrację mod-
elu. Pierwsze podejście polegało na szacowaniu wartości parametrów w oparciu o pomiary
przeprowadzane na wyizolowanych podukładach amortyzatora. Podejście takie ułatwiało
proces kalibracji gdyż, możliwe było odseparowanie od siebie grup parametrów które
podlegały kalibracji. Niestety podejście to wymagało przeprowadzenia kilku niezależnych
od siebie badań eksperymentalnych co z organizacyjnego punktu widzenia może stanowić
wyzwanie w środowisku przemysłowym. Druga zaproponowana metoda kalibracji miała
na celu zniwelowanie tego problemu. Opierała się ona na znacznie prostszej proced-
urze eksperymentalnej (przeprowadzanej na pełnym złożeniu amortyzatora) która, dzięki
zaawansowanej metodzie estymacji parametrów opartej o czułości pozwalała na kalibracje
wielu parametrów modelu w ramach jednej pętli optymalizacyjnej. W trakcie projektu
jakość modelu jak i niezawodność kalibracji parametrów sprawdzono poprzez wielokrotne
pomiary przeprowadzane na różnych poziomach złożenia amortyzatora. Zaproponow-
any model jak i opracowane metody jego kalibracji posłużyły do stworzenia narzędzia
obliczeniowego gotowego do wykorzystania w warunkach przemysłowych.
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Chapter 1

Introduction

With over 80 years of service history, telescopic, hydraulic, shock absorbers are hardly
a new invention. However, despite the time laps, they remain an important part of
modern automotive suspension. One of the reasons for their popularity is that this
design facilitates relatively easy changes of the damping characteristics making a shock
absorber a primary component that is used to fine-tune the behavior of the suspension
of the car according to the subjective requirements of the car manufacturers.

1.1 Problem statement

The natural frequency range of the operation for which the automotive shock absorbers
are designed to operate and control the suspension is usually approximately 0-30 Hz (low-
frequency range). Frequency content above that range is traditionally considered a do-
main of the elastomeric vibro-isolators which are meant to stop higher-frequency content
from transferring to the rest of the car. An important part of that high-frequency content
is not only vibrations that come from the road disturbances and wheel but also those
that due to high nonlinearities related to valves opening and closing, originate directly at
the shock absorber’s chambers (self-induced shock absorber vibrations). As the damper
designs are progressing, and getting more complex (often by means of electronic con-
trol) to meet the demand for better ride and handling properties of the car, performance
within their natural domain is indeed improving but as a side effect, often, such designs
are prone to more pronounced unwanted high-frequency dynamic phenomena that might
arise at the damper even under just a low-frequency excitation. If it fails to be isolated
by the top mount, such high-frequency vibrations might lead to noise-related problems
as well as disruptions to the control algorithms. These problems are further exacerbated
by the rapid proliferation of electric cars, which (due to lack of engine noise) are much
quieter and high-frequency vibrations are more easily distinguishable and picked up by
the driver. It is also important to emphasize that most of the dynamic, high-frequency
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Chapter 1 Introduction

problems are difficult and expensive to solve when detected at the late stages of the de-
velopment project (when the field test and full vehicle ride works are performed) owing
to the fact that, this type of problems are inherently related to the complete system and
altering its characteristics often requires changes to the key design parameters. All the
above reasons, create a situation in which the ability to numerically simulate and predict
the dynamic characteristics of the newly designed shock absorbers is very valuable.

Fortunately, as shown in the survey (see chapter 3) there is a wide range of documented
modeling techniques specifically developed for the hydraulic automotive suspension and
damping systems that allow for performance and characteristics estimation across a wide
range of frequencies. However, they are difficult to be practically employed as part of
standard industrial procedures due to the following challenges:

• difficulty related to establishing suitable modeling techniques to address the prob-
lems of high-frequency vibrations at the semi-active dampers

• lack of established parameter estimation procedures
• difficulty handling a large number of parameters, parameters conditioning methods

as well as results and reporting

1.2 Objectives

As a result of the described needs of the industry, the goals of the project were formulated.
The most important goal is to enable the practical utilization of the advanced modeling
techniques of the semi-active automotive shock absorbers in the industrial environment.
To achieve that it is required to perform research on the existing knowledge related
to the automotive shock absorber, their role in the suspension and most importantly
modelling techniques allowing to reproduce their behaviour. Based on this review as
well as based on the available techniques present in the automotive industry, a computer
model is to be proposed. In order to fully utilize the formulated simulation techniques, a
parameter estimation procedure has to be developed and the quality of the result should
be estimated. The described goals of the project have been summarized in the form of
the following list:

• Review of the existing knowledge regarding hydraulic, telescopic shock absorbers as
well as techniques of reproducing their high-frequency (<500Hz) dynamic behavior
with computer modeling methods.

• Proposal of the numerical model of the semi-active shock absorber that can be used
for the following purposes:

– Analysis of the damper performance at low-frequency behavior with accurate
hysteresis representation which can be adopted for vehicle ride and handling
performance studies

8
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– Optimization of the control algorithms
– Risk prediction of the structure-borne noise due to the high-frequency dynamic

behavior of the shock absorber
– Reduction of the damper performance-related experimental testing

• Proposal of the complete parameters estimation procedure
• Verification of the model accuracy in relation to the experimental measurement of

the high-frequency behavior of the shock absorber
• Implementation of the developed methods into the engineering procedures of the

industrial partner company

1.3 Scope of the research

In order to address the goals that were formulated for the project the first step was
to perform a study of the existing knowledge in the domain of automotive suspension
systems as well as in the field of computer modeling of shock absorbers (these parts can
be found in chapters 2 and 3). After establishing the main guidelines and assumptions for
the simulation techniques, a numerical model is proposed in chapter 4. Due to the wide
range of physical phenomena that influence the dynamic behavior of the semi-active shock
absorbers, a multi-domain, lumped parameters model was employed. Due to the high
level of complexity of the model, parameter estimation become a particularly important
task. Given the large amount of documented work devoted to the modeling of the shock
absorbers, techniques related to parameterization (model calibration) are much more
sparse, making parametrization an important limiting factor that is preventing the wider
adoption of the numerical models. The problem of model calibration was addressed with
two approaches:

• classic parameters characterization procedure that is done on isolated subsystems
• sensitivity-based parameter estimation procedure utilizing a series of concurrent

genetic algorithms for optimization purpose
The first method (described in chapter 6) allows to establish values of the input para-

meters that are difficult to obtain from the technical documentation of the designs. Three
main subsystems are considered separately: valves (valve stiffness being the main estim-
ated parameter), oil compliance (amount of undissolved gas being the main estimated
parameter) as well as top mount dynamic’s model parameters. The advantage of that
method of estimating the parameters is the high flexibility of the application since it al-
lows for verifying the designs that were not yet prototyped. On the downside, it requires
a relatively complex calibration procedure in terms of the experimental testing part and
the quality of the model prediction depends on the accuracy of the measurement, these
shortcomings are mitigated with the second parameter estimation approach.
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The second method of parameter estimation requires performing calibration testing
at the complete shock absorber assembly as the only experimental measurement used for
the parameter estimation. This greatly simplifies the experimental part of the process
(because there is only one, relatively simple test) but the large amount of parameters
calibrated at the same time poses a challenge. To mitigate this difficulty a sensitivity-
based parameter estimation procedure is applied. It allows to use of only one test result as
a source of multiple objective functions , each oriented at the specific subsystem for which
the parameters will be estimated. Such a proposed method simplifies the experimental
part of the calibration procedure and results in higher fidelity of the model results. After
such calibration, a model effectively becomes a digital twin of the calibrated sample.

Each of the calibration methods was discussed in detail and the results of each pro-
cedure were evaluated. This together with the parameter sensitivity study provides the
confirmation that the model is able to correctly reproduce the dynamic behavior of the
shock absorber. However, the last remaining obstacle preventing the application of the
developed methods within standard design procedures was the complexity of the input
and output data processing. In order to manage this, over the course of the project, a sim-
ulation environment has been prepared using Python scripting language that couples the
calibration methods, data and simulation engine (Simcetner Amesim) allowing for easy
manipulation of input parameters and simulation results without a deep understanding
of the constituent parts of this system.

1.4 Plan of industrial implementation

Presented Ph.D. dissertation is prepared as part of the Industrial Implementation Pro-
gram (conducted in cooperation with industrial partner: Tenneco Automotive Eastern
Europe Sp. z o.o.) which exerts strong emphasis on the practical application of the
knowledge and methods obtained over the course of the project. For that reason, apart
from the already formulated goals, conducted scientific research should result in tools,
methods and processes that are practically applied in the industrial environment. Since
the subject of the project is the development of the computer model which might involve
advanced and complex procedures, it is planned that for future usage, an easy-to-use
interface will be prepared. The main goal of this interface is to enable engineers to access
the developed functionality without a deep understanding of the theory behind it and
without a need for the installation of specialized software. A prepared interface together
with the developed methods should help solve already existing engineering problems in a
tangible manner. In the case of the dynamic behavior of the shock absorber, this means
improving the design using knowledge obtained from the calibrated, dynamic model of
the semi-active shock absorber.
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1.5 Hypothesis

With the computer model which is proposed based on the literature study, through the
use of a series of experimental tests at the level of individual components and/or the
entire assembly, it is possible to identify the parameters that are necessary to simulate
the dynamic operation of an automotive, semi-active shock absorber with the accuracy
that allows making practical conclusions regarding high-frequency (above secondary ride
mode range) behavior of the shock absorber. Furthermore, this process can be practically
implemented into standard industrial procedures.
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Chapter 2

Automotive suspension and shock
absorbers - theoterical background

This chapter provides an overview of the subjects related to automotive suspension and
shock absorbers so that the reader can easily understand the circumstances and needs
for the numerical model and identification techniques developed in later parts of this
dissertation.

2.1 Historical perspective

Well-designed and appropriately tuned damper should not draw the attention of the
passengers of the car. Therefore, it is easy to underestimate the role of the shock ab-
sorber. At the beginning of the XX century, when motored vehicles were slowly gaining
traction, shock absorbers were still a relatively rare occurrence. Earlier, due to the low
speeds attained by horse-drawn carriages, shock absorbers were not particularly useful
and definitely too complicated for manufacturers in that era. Additionally, the function
of the shock absorbers was somehow reproduced by the frictional forces that arise at the
surfaces of the leaf springs which were commonly used at the time. As a result, the first
mass-produced cars did not feature any kind of automotive damper design along with the
leaf or coil springs. This included a famous Ford Model T for which the manufacturer
not only didn’t include a shock absorber but in its 1915 owner’s manual, discouraged
the use of them on the grounds of the safety [78, 28]. This provided early adopters of
the motored vehicles with an unpleasant opportunity to experience the consequences of
a lack of the proper damping device. The inconvenience produced by the usage of such
automotive suspension was sufficient for car owners to find a solution on their own. As
a result, it has become relatively common to retrofit early cars with after-market shock
absorbers. The demand for this kind of solution was high enough to make their manufac-
turers commercially successful [40]. Some of the most popular brands of shock absorbers
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Chapter 2 Automotive suspension and shock absorbers - theoterical background

at that time included:

• Truffault-Hartford Shock Absorber (scissor-action dry friction damper)
• Andre–Hartford (scissor-action dry friction damper)
• Hassler Shock Absorber (conical spring for Ford Model T)
• Lovejoy (lever-arm hydraulic damper)
• Gabriel (belt snubbers)

From a technical perspective, early shock absorbers relied mainly on the dry friction
forces produced by preloaded discs or block and belt snubbers which are most commonly
operated via a scissor or leaver mechanism. Some of the designs included a link for the
driver to adjust damper force which functioned as a break for the body motion. Although
hydraulic and telescopic designs of shock absorbers were known much earlier they’ve
become popular in the second half of the twenties by replacing friction-based lever and
scissor-based designs. The next notable advancement in the history of the shock absorber
came with the introduction of the MacPherson strut which dominated the market of the
front suspension since the late 1940s. The main reason for the popularity of this type of
suspension was cost, simplicity and compact size [79]. Further progress in the technology
of automotive suspensions was oriented toward the improvements of electronic control of
shock absorber systems. Although passive shock absorbers and struts still comprise a bulk
of the automotive suspension systems sold across the world, however, some semiactive
systems reached large-scale production numbers and their volumes are already counted in
millions of units sold. Apart from semi-active dampers progress in the development and
modeling of stroke and frequency-dependent dampers should also be recognized since due
to relatively low price and noticeable improvement in ride comfort this class of designs is
also gaining a notable portion of the market [58, 54, 55].

2.2 Current state of the semi-active suspension sys-
tems development

Most commonly, electronically controlled suspension systems are divided into two types:
active and semi-active systems. Active systems are defined as those for which the external
energy is supplied so that the force exerted by the damper can be independent of the
damper’s travel or velocity. On the other hand, semi-active suspension systems only
adjust the parameters of the damper to the current conditions on the road and they
don’t use external energy for the damping force creation [105]. Semi-active systems are
usually divided into two groups:

• adaptive shock absorbers – those systems allow to adjust the parameters of the
damper but the feedback loop is not closed at the time of damper operation,
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Chapter 2 Automotive suspension and shock absorbers - theoterical background

• semi-active dampers – those systems utilize the feedback loop to continuously adjust
the damping characteristics.

Both semi-active and active systems might operate in variously limited vibration band-
widths. Depending on the design, the characteristics of the damper might be adjusted
at different rates and the adaptivity of the characteristics might be performed independ-
ently for each stroking direction or both together. Although there is a large amount of
different technical solutions available for engineers to apply, only a few were used in the
automotive industry on a large scale. The section below provides an overview of the tech-
nical solutions for electronic control of damping from the perspective of their popularity
in the automotive industry. The simplest and cheapest type of semi-active suspension
system is the introduction of the electronically controlled bypass valve that can be re-
motely closed or opened. This provides an opportunity to choose either a ‘soft’ or ‘sport’
suspension setting. All major shock absorber suppliers included in their portfolio some
variation of this type of damper system. Notable examples of such products are Tenneco’s
DualMode [92] and Bilstein’s DampTronic-Select [114]. Although relatively cheap, this
type of adjusting the damper systems is slowly being replaced by designs that allow for
continuous adjustment of the characteristics. In terms of technical methods of achieving
such continuous control, there are only two families of designs that are currently relevant
in the industry: MR/ER dampers and Electronically controlled valve systems [114].

MR/ER dampers - operate by employing magnetorheological or electrorheological
fluid as a hydraulic medium and electromagnetic coil which produces a magnetic field
to control the flow resistance through a valve. This method of continuous control of the
damper characteristics doesn’t require a complex mechanical valve, making it relatively
simple and cheap in design. Lack of moving parts and mechanical simplicity also means
that this type of damping force control is very quick in terms of response time and has
a high dynamic range (turn-up ratio) [64]. Other advantages include the quiet operation
of the valve and low power consumption when compared with other semi-active systems.
Development of the MR dampers technology started in 1990 at the Lord Corporation and
resulted in Motion Master Ride Management System which found its first application in
Class 8 trucks in 1997. The first broad-based automotive application came with the
introduction of the MagneRide systems from Delphi Automotive Systems which was first
used in the 2002 Cadillac Seville STS and Chevrolet Corvette. Since then MagneRide
system has undergone its 4th revision and was used in at least 1 million vehicles [112,
30, 5]. So far MagneRide remains the only large-scale, commercially successful system
utilizing MR dampers. Some disadvantages that stifle the growth of the MR/ER dampers
originate from the fact that magnetorheological fluids comprise in large part of iron
particles which cause the hydraulic medium to be more abrasive, heavier and susceptible
to oxidation and particle settling (when not used for longer periods of time). Although
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manufacturers mitigate a lot of those problems in different ways, high-damping force
nonlinearities still pose challenges.

Electronically controlled valve (ECV) – this type of continuous adjustment of the
damping force utilizes a valve that in most cases is controlled by the solenoid actuator (a
regular servo-valve would be too complex and expensive for such application). Since the
solenoid is capable of exerting only relatively low forces, ECVs usually employ a hydraulic
leverage mechanism to control high pressures in the damper. Due to the packaging
challenges and production costs, such an electronically controlled valve is usually attached
to the side of the damper and operates alongside regular passive valves. Oil flow is
directed to the ECV via an additional chamber created by adding a third tube. Such
design facilitates the damping force’s continuous control in both stroking directions but
not independently. A strong advantage of this solution is the similarity of the design to
a classical passive damper which makes it easier for adoption by the existing production
facility. Triple tube design with one, unidirectional ECV is currently by far the most
common and commercially successful application of semi-active shock absorbers thanks
to the following product lines in the portfolio of the suspension systems suppliers [114]:

• Monroe’s CVSAe featuring Ohlins’s CES valve – produced by Tenneco with ap-
proximately 20 million units sold and applied for 75 different passenger vehicles
[8, 38]

• Sachs CDC – produced by ZF Friedrichshafen with approximately 34 million units
sold so far [6]

• Bilstein DampTronic B6
Due to the popularity of the aforementioned design, this particular semi-active shock
absorber layout has been selected as an object of the numerical model described in this
dissertation. Detailed layout and operating principle have been described in detail in
paragraph 2.4.

A natural, further development of this design is an application of two electronically
controlled valves which allow for independent tunability of damping force in compression
and rebound stroke. Due to increased cost, this solution is less popular than one valve
design but it is also gaining popularity in the form of the following products:

• Monroe’s CVSA2
• Sachs CDC [7]
• Bilstein DampTronic Sky
The most advanced automatic suspension development is a fully active system however

the price of the system itself as well as the power consumption during operation so far
prevents commercial application of this type of system.
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2.3 The function of the shock absorber in the automot-
ive suspenision

Dynamic characteristics of the automotive dampers cannot be fully discussed outside of
the broader context of vehicle dynamics, therefore, this paragraph aims at providing a
practical description of the role that shock absorber plays in the operation of the auto-
motive suspension. In the scientific literature, multiple approaches to describing and
explaining the function of automotive suspension can be found. At the most general
level, the vehicle dynamics approach usually indicates two primary roles of the suspen-
sion: isolation and control. Isolation is concerned with separating passengers from the
disturbances caused by road defects as well as vehicle maneuvers. On the other hand,
control is defined as an ability to safely enforce steering commands provided by the
driver [22]. Most often, those functions are discussed in terms of ride comfort (isola-
tion but mainly related to straight-line driving) and road holding and handling (control,
particularly during maneuvers), which traditionally constitute conflicting objectives for
which the compromise has to be found. Since both aforementioned aspects of the vehicle
dynamics are influenced by various characteristics of the vehicle, not only originating
at the suspension (e.g. engine, wind, seating etc.) and due to the fact that both are
relatively subjective, finding a good compromise is not a trivial task. Multiple attempts
were made in the past to find an objective measure of how well both functions of the
suspension are accomplished for given settings but so far such objective measures only
serve as an aid to the ride engineers and the end decision regarding the suspension tuning
is primarily subjective [126]. Particularly, ride comfort is notoriously difficult for finding
reliable objective measures. Ride comfort is often considered in terms of two frequency
ranges called: primary and secondary ride modes. Primary ride mode is usually con-
sidered as rigid body motions of the vehicle body which is taking place at a frequency
range of 0-3Hz. On the other hand, the secondary ride mode is used to describe the dy-
namic motion of the unsprung mass in relation to the road and vehicle body which takes
place at approximately 3-30 Hz [13]. If the wheel suspension is analyzed using a simple
quarter car model, its secondary ride mode is dominated by the natural frequency of the
wheel (wheel hop frequency) which is usually in the range of 10-20Hz for passenger cars.
The human body is considered to be most sensitive to vibration in a range of 0.5-0.75 Hz
due to motion sickness [69], 3 and 11 Hz are important for the torso [1] while head and
neck are most susceptible in range of 18-20Hz [13]. Therefore objective measures of ride
comfort usually focus on vertical, secondary ride mode. Lateral accelerations at lower
frequencies are also relevant but they are used to a lesser degree since the primary ride
modes can easily be confused with the handling aspects [13]. In terms of the road holding
and handling the objective quantity is mainly related to the dynamic loads transferred
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Figure 2.1: Relationship between ride and handling objective measures for various sus-
pension damping and stiffness settings [114, 82]

by the tire which should be uniform across the wheels and as low as possible. However,
in practice lateral body accelerations and side slip angles are used as well [126].

With the help of the simple quarter car model, it is possible to analyze the influence
of the two most important parameters of suspension damping and stiffness over the
indicators of ride comfort and road holding. The result of such a study performed in
[82] is shown in fig. 2.1 where dotted lines show constant damping whereas solid lines
indicate the constant stiffness. Inspection of this graph reveals the Pareto front which
illustrates the famous problem of compromise between ride and handling. Each new car
or suspension system before it is rolled out to the broad market has to go through the
process of suspension tuning which aims at finding the best compromise/settings of the
suspension. Much like the musical instrument tuning process, such a process involves
a combination of formalized subjective and aforementioned objective measures in order
to find the best possible combination of ride and handling. In practice, for modern
passenger cars, this balance is usually achieved by the use of a relatively low-stiffness
suspension spring element which is controlled by relatively high damping forces [59].
Such an approach is a result of the relationship shown in Fig. 2.1 but also of the fact
that the damper’s key characteristics such as force vs velocity and force vs displacement
can be strongly non-linear and easily adjusted. For that reason, the shock absorber is
the most important component from the perspective of controlling the behavior of the
automotive suspension. In general, with the higher forces generated by the damper for
a given velocity (steeper force-velocity characteristic) vehicle handling is improved at
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the cost of degraded ride comfort and vice-versa. However proper suspension tuning
involves many more aspects of the damper behavior (described in detail in [87, 14]) such
as damper’s force-velocity relationship progressiveness, low-speed characteristics as well
as blow-off level and shape. Important to the perceived comfort might also be hysteresis
in the force-velocity characteristic. Despite relatively high flexibility in adjusting the
damper parameters, passive shock absorbers always have to find a compromise for a
conflicting objective of ride comfort and handling. Perfect damper setting (lack of need
for compromise) for a given road condition can only be achieved by the application of
a fully active system. However, passive systems, even those with low adaptability rates,
thanks to a wide range of potential damping characteristics can provide significant
improvement to all aspects of the vehicle dynamics.

2.4 Shock absorber design and operation principles

On the most basic level, all the telescopic, hydraulic shock absorbers generate the resistive
damping force either by inducing pressure differential over the piston or by an increase
in overall internal pressure which acts on the cross-section of the piston rod (see eq.
4.1). Both pressure differential and overall pressure increase are a result of the restriction
to the flow from one chamber of the damper to another. For such a mechanism of
damping force generation to work properly it is required for the hydraulic medium to be
relatively incompressible, otherwise, the damper would operate more like a capacitative
element. However, during the actuation of any telescopic damper, the volume of a piston
rod is either pushed into or pulled out of a constrained volume of a shock absorber
tube. Since valves have to operate within the incompressible fluid, part of the damper
has to be devoted to a compressible chamber that facilitates this alternating volume.
The way in which this problem is solved is the main differentiator of the two most
common types of hydraulic shock absorbers: mono-tube and double-tube designs (see
figures 2.2b and 2.2a). Although this dissertation focuses on the semi-active damper
design, understanding the operating principles of the passive designs is very helpful to
later analyze and model the dynamic behavior of the more complex systems.

2.4.1 Mono-tube design

In a mono-tube design (fig. 2.2a), the volume of the piston rod can freely enter and
exit the damper thanks to the gas chamber that is separated from the compression (oil)
chamber by a floating piston. Since gases are highly compressible, with the correct sizing
of the chambers, the volume of the rod during compression stroke causes only a small
increase in internal damper pressure (and vice versa for the tension stroke). Since the
floating piston, by design, can slide within the tube of the damper without restriction,
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(a) Mono-tube design (b) Double-tube design

Figure 2.2: Layout of the two most common passive damper designs

the pressure in a gas chamber and compression chamber remains virtually constant. This
means that pressure in the compression chamber cannot rise at all in relation to the
damper velocity. During the rebound stroke, this is not an issue since the pressure in the
rebound chamber can easily rise and create the required pressure differential. However,
in the compression stroke, the pressure differential has to be obtained not by an increase
in the compression chamber pressure but, by the drop of the pressure in the rebound
chamber. It is important to point out that the pressure in any oil chamber cannot fall
below a certain value (which is usually close to zero bar in relation to atmospheric pres-
sure) since then according to Henry’s law, oil would lose its hydraulic properties . The
solution for mono-tube dampers is simply to increase initial pressure. Therefore the max-
imum compressive force of the mono-tube damper is limited (for the given dimensions
of the damper) by the value of precharge pressure. For a typical mono-tube damper,
a pre-charge pressure ranges between 20 - 40 bar and during the rebound stroke it can
rise significantly. Given the fact that loss of precharge pressure constitutes immediate
degradation of the damping performance, this type of hydraulic damper requires very ad-
vanced and therefore expensive rod guide sealing. However, thanks to the floating piston
design, monotube shock absorbers are characterized by relative mechanical simplicity.
By having only one valve, the damping forces can usually be more precisely controlled
(compared to other designs of shock absorbers), there is less disturbance related to the
opening and closing of the valves and as a result the vehicle dynamics aspects particu-
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larly those related to the handling are improved (wheel control is more consistent and
predictable). Despite the advantages of the mono-tube design, the necessity of maintain-
ing high internal pressure in the damper is a significant drawback of this type of shock
absorber design which is mitigated in the case of the double-tube design. It is worth
emphasizing that the damping forces in the mono-tube damper are primarily built by the
pressure differential whereas the overall increase of the pressure is not significant (this is
a fundamental difference when compared with double tube design).

2.4.2 Double-tube design

In the case of a double-tube damper design, piston rod volume displaces the oil into the
reserve chamber which is partially filled with gas. The reserve chamber is separated from
the rest of the damper not by the floating piston like in the mono-tube design but by the
base valve (see section 2.2b). During rebound stroke, damping force is built in a similar
way as in mono-tube design - by an increase of the pressure in the rebound chamber
which creates a pressure differential over the piston. It is important though that in the
case of double tube design, the restriction at the base valve in the rebound direction (base
valve intake) has to be low enough not to lead to aeration in the compression chamber
during rebound stroke. However, in the case of the compression stroke direction, a
completely different mechanism of force build-up is used. In the compression stroke, oil
displaced by the rod volume entering the damper has to pass through the base valve. Any
restriction to the flow through the base valve will cause an increase in both, compression
and rebound chambers. Since the compression surface of the piston is larger than the
rebound surface (by the value of the piston rod cross-section), the uniform rise of pressure
in both chambers will result in force generated at the piston rod. Due to increased
pressure in the rebound chamber (caused by the restriction at the base valve), it is
possible to also involve the restriction at the piston, since the pressure in the rebound
chamber can fall without risk of going under precharge pressure value. In such a case,
force at the piston rod is also developed by the pressure difference at the piston. Double
tube valving configuration which generates the force by both valves is referred to as "full
displacement" whereas the configuration that only utilizes base valve restriction is called
"rod displacement" (comparison of the pressure characteristics for both configurations can
be found in figure 2.3). During compression stroke in rod displacement damper, pressure
in rebound and compression chamber remains similar due to low restriction of the piston
compression valve (piston intake). On the other hand, when the full displacement damper
configuration is used, restriction at the piston compression valve has to be always (at
each flow rate value) lower than the restriction of the base compression valve, otherwise,
pressure in the rebound chamber would immediately drop below precharge values, causing
so-called "valve imbalance" which is characterized by large free stroke in next rebound
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Figure 2.3: Example of the pressure changes in the compression and rebound chambers
in dampers with rod and full displacement configuration during sinusoidal excitation

cycle.
A strong advantage of the double-tube damper design over the mono-tube design is

much lower precharge pressure (usually at around 2-5 bar) which decreases the production
cost. Also, in the event of partial loss of internal pressure, a double-tube damper will
in most cases continue to operate normally (albeit with degradation of the damping
performance) whereas the internal pressure loss in a monotube damper would cause
significant free strokes in the compression direction. The disadvantage of the double tube
is the necessity of having two separate passive valves and an additional tube. Double
tube dampers usually are limited to operation in a vertical position although designs with
floating pistons or buffer springs also exist. On the other hand, monotube dampers have to
be much longer compared to double-tube designs. From the perspective of performance,
small rod diameter monotube dampers provide much higher responsiveness due to low
compliance and therefore hysteresis in force-velocity characteristic.

2.4.3 Semi-active damper

The semi-active shock absorber for which the model is studied generates the velocity-
dependent forces largely on the principles of the double tube damper configured to operate
in rod volume displacement regime for which adjustable bypass flow is introduced (see
figure 2.4). This flow is channeled via the annular cavity created by the third tube
(third tube chamber) to the active valve. Rod volume displaced regime is required due
to the fact that an active valve can only be used with flows going in one direction and in
the considered design there is only one active valve. Similar to the double tube design,
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Figure 2.4: Schematic view of the triple tube semi-active shock absorber with one uni-
directional active valve

within such a regime, the majority of the damping force during the compression stroke
is built by the base compression valve (pressure rises in all chambers) while the piston
compression valve acts only as a check valve. Conversely, in the rebound direction, the
majority of the force is built on the piston rebound valve, since any significant pressure
drop caused by the base rebound valve restriction would lead to the pressure in the
compression chamber falling below the pressure in the reserve chamber and in turn to
the aeration problems. As a result of the rod displacement valve configuration of the
semi-active damper, both rebound and compression strokes create higher pressure in
the rebound chamber than in the third chamber. This pressure drop can be influenced
by the active valve which controls the flow from the third tube chamber to the reserve
chamber. Application of the full displacement valve configuration would result in the
loss of damping force adjustability during the compression stroke. The ability to control
both directions with only one active valve is the main advantage of the considered design
of the semi-active damper since the electronically controlled valve is the most expensive
part of the damper. Unfortunately, as explained earlier such an approach necessitates
the usage of a rod displacement configuration which as demonstrated in the following
sections might be challenging from the perspective of the high rod acceleration problems
particularly when a relatively small rod diameter is used.
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2.5 Valving design

2.5.1 Passive valves

The role of the valves in the hydraulic dampers is to introduce the desired restriction to
flow between different chambers which in turn, induces pressure differential and finally a
force at the piston rod. Hydraulic properties of this restriction are usually characterized
by the pressure vs flow rate relationship (abbreviated as P/Q curve, see figure 2.5). In
order to supply appropriate damping force at different dynamic motions of the car and
undamped mass (as discussed in section 2.3), P/Q characteristic is usually desired to be
strongly non-linear. As explained in sections 2.3, some of the valves, act as check valves
only (intake valves), therfore their restriction should be as small as possible, however,
the opening and closing of those valves should not induce excessive vibrations in the
hydraulic system.

Figure 2.5: Exemplary PQ curve with the description of its distinct ranges

Shim stack valves Shim stack valves are by far the most common type of valves
used in hydraulic dampers to control their characteristics. The primary reason for their
popularity is the ease of setting even complex, non-linear P/Q curves by changing the
stiffness and/or preload of the shim stack. The stiffness of the shim stack is changed,
simply by adding shim disks or using thicker ones, whereas the preload is changed by
adding or removing preload discs at the base of the stack. Shim stack preload mainly
influences the pressure difference at which the opening (also referred to as blow-off) of
the valve takes place whereas the slope and shape of the P/Q curve after blow-off is more
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impacted by the stiffness. At pressure differences lower than those causing valve opening
(at low flow rates), P/Q characteristic is dominated by a purposefully created slot in the
first shim disc which is called a bleed area. Conversely, at higher pressures and flow rates,
the P/Q curve can be increased by physically constraining the valve opening (the outer
diameter of the disk is supported) creating so-called high-speed tuning. The impact of
the design features of the shim stack valve mentioned above has been illustrated in figure
2.5. Since the valving system is a key element determining the behavior of the suspension
in a car, apart from the main design features of the valve described in this section, each
shock absorber manufacturer has a range of small design details that help to improve the
subjective reception of the damper. Moreover, as a result of continuous improvement of
this part of the shock absorber, there is a large number of shim stack design variations
in use which include conical springs acting on the shim valve, clover-shaped valve lands,
etc.

Figure 2.6: Overview of the valve design

(a) Uniform valve opening (b) Non-unifrom valve opening

Figure 2.7: Simulated intake valve opening shapes

Intake valves Since intake valves (piston compression side and base valve rebound
side) act as check valves, in contrast to the shim stack valves, they usually have a much
simpler P/Q relationship. It is usually desired for the intake valve to induce a relatively
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low-pressure drop for a given flow rate without excessive vibration of the flow and valve
mechanical structure. In most cases, such an objective can be achieved by the application
of a single check disk and conical spring (see fig. 2.6 b). Depending on the parameters such
as the height of the preloaded intake spring, outer diameters and stiffness of the spring,
the force exerted by the spring might be more or less uniform around the circumference of
the intake disk. Non-uniform opening of the intake valve (see fig. 2.7b) creates smoother
P/Q characteristics.

2.5.2 Active valve

The role of the active valve is to facilitate electronic control over the restriction to the
flow between the third tube chamber and the reserve chamber. This is achieved by
the application of the two-stage proportional control valve which is actuated by the
electromagnetic solenoid (see fig. 2.8), manufactured by Swedish company "Ohlins" under
the commercial name of CES (Continuously Controlled Electronic Suspension) valve [94,
12]. In principle, the valve consists of two popets (see fig. 2.9). The first poppet functions
as a simple proportional valve which is responsible for exerting restriction to the main
path of the flow (counter proportional to the pressure difference). The second poppet
(called pilot poppet) also acts as a proportional valve but is additionally (apart from the
spring) actuated by the solenoid force. Opening of the second stage poppet creates a
pressure drop under the main poppet which induces a proportionally larger opening to
the main flow path. In other words, the second stage acts as a hydraulic leverage that
operates the main poppet. In this way, even low force input coming from the solenoid
is able to efficiently influence large pressures and flow rates going through the valve. By
setting the correct spring stiffness, diameters of the popets as well as slots diameters
it is possible to obtain desired relationship between the current applied at the solenoid
coil and pressure drop vs flow rate through the valve. The exemplary range of P/Q
characteristic adjustability has been shown in figure 6.2.

2.6 Noise related problems background

In normal driving circumstances, automotive shock absorbers should not be the source
of the distinguishable noises, however, in some cases, due to wrong damper designs or
the unfortunate combination of the dynamic properties of the damper and the car, this
requirement is not satisfied.

Noise-related problems can be divided into air-borne and structure-borne. In the case
of automotive suspension, airborne vibrations are considered as those that originate at
a certain part of the suspension and then are transferred directly to the passengers via
the acoustic medium. A structure-borne noise is defined as the vibrations that originate
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Figure 2.8: Cross section of CES8700 valve [94]

Figure 2.9: Schematic layout of the CES valve [12]
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at one part of the suspension but are then transferred via mechanical and structural
connection of the chassis to the elements of the car interior where they induce second-
ary vibration and audible noise. The system-level modeling approach studied in this
dissertation is primarily suitable for the analysis of the structure-borne noise, therefore
methods and tools developed in this work are only applicable to structure-borne related
problems. The main challenge in dealing with the structure-borne noise coming from
the automotive suspension is the fact that the vibrations themselves are only half of the
problem. The second part is the question of whether the vibrations, do induce undesired
acoustic effects. In other words, suspension vibrations are the inputs to the structure
and how the structure reacts determines whether vibrations constitute a problem or not.
Unfortunately, to answer this question the entirety of the vehicle structure would have
to be considered. Given the current state of the computational and experimental test-
ing capabilities, it is not practical to do so. Instead, good practice rules and general
guidelines are being used to determine the risk of noise occurring in the car for each of
the noise mechanisms. The difficulty with the structure-borne vibrations is further ex-
acerbated by the fact that (as it can be concluded based on the section 2.3) historically,
a primary, vehicle dynamics-oriented domain of operation for the automotive damper in
terms of frequency is approximately within the range of 0-30Hz. It is usually considered
that the problem of higher frequency content should be simply isolated by the application
of proper elastomeric bushings. Particularly important is in this case the shock absorber
top mount since the damper is often the main source of unwanted structure-borne vibra-
tions. Yet another challenge in dealing with structure-borne noise is related to the fact
that there are at least three different mechanisms that can induce excessive vibrations in
the suspensions:

• Axial vibrations of the piston rod
• Lateral vibrations of the shock absorber structure
• Friction induces vibrations

Axial vibrations of the piston rod A common misconception regarding structure-
borne noise is that the vibrations that cause the problem originate from the road ir-
regularities and later are failed, to be properly isolated by the suspension. In reality,
high-frequency (100-500 Hz) vibrations described in this paragraph are often a result of
only low-frequency actuation (0-30 Hz) of the shock absorber itself. The true origin of
this type of noise mechanism is due to forces created by abrupt pressure changes in the
damper chambers which are caused by the nonlinearities in the P/Q characteristics of
the valves [123, 102, 68]. These forces induce high acceleration excitation which (with
the unfortunate combination of the parameters impacting modal parameters) can initiate
the rod vibration. The main mode of this vibration is related to the inertia of the rod
mass whereas the stiffness is provided at the top mount bushing and damper compliance
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[23, 117]. As a result of such shape of the main vibration mode, the relationship between
damper characteristics and top mount stiffness is particularly important [48, 115].

The vibrations of the rod caused by the aforementioned mechanism can be transferred
to the chassis of the car and from there, it can propagate to the cabin and its occupants
in the form of audible noise. Figure 2.10 shows the comparison of the vibration levels at
various parts of the suspension in the function of the frequency. In that figure, primary
and secondary ride modes are easily distinguishable below 20Hz, but it can also be clearly
observed that the overall vibration level at higher frequencies is elevated at the rod when
compared with the damper’s knuckle. This indicates that much of the vibration measured
at the rod is self-induced at the damper level.

The risk of such noise mechanism occurring in the car is usually detected at the
modular damper assembly level with the use of the clatter noise test set-up described
in paragraph 2.7 where rod accelerations are analyzed in time domain using periodic
excitation signal as well as in the frequency domain when typical unsprung mass noise is
used as a drive signal. The relationship between rod acceleration characteristics and risk
of noise due to the fact that the complete structure of the car is involved constitutes a
complex subject. However, over the past decades, shock absorber suppliers developed an
experience-based set of KPIs (Key Performance Indicators) that are focused on quanti-
fying the undesired characteristics of the rod acceleration signal which might contribute
to the undesired noise. Although the ability to estimate the risk of structure-borne noise
based on the rod acceleration signal is important know-how of the damper suppliers some
methods are openly published [16, 47, 81].

Lateral vibrations of the shock absorber sutructure The second type of noise
mechanism originates from the dynamic properties of the shock absorber structure. In
particular, the bending modes of the damper can be excited by the operation of the
suspension and cause undesired resonance which is transferred to the cabin [81]. Risk
of the noise problems related to this type of damper vibrations is usually diagnosed
by performing a modal analysis of the structure of the damper with a focus on the
lateral directions. Both, car manufacturers as well as shock absorber suppliers have good-
practice requirements that are based on the natural bending frequencies of the damper
that help to avoid this type of problem. For example, bending modes at around 200Hz
are often considered risky. Rao et al. in [100] observed that lateral bending modes of
the damper may have an even higher contribution to the noise problems than the axial
direction at higher frequencies (in that case, 145-155 Hz). Finite element simulations
provide a reliable and cost-effective method of determining the bending mode particularly
given the fact that the assessment should be performed at the early stages of the project
since solutions of this type of noise mechanism often require significant changes in the
design [132]. Modal parameters can only be altered by the changes to the mass or stiffness
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Figure 2.10: Comparison of the PSD profile of the acceleration signals measured at various
parts of the automotive suspension

of the structure. One of the potential solutions for such cases is the addition of the mass
damper to the damper design, an example of such a part is shown in Fig. 2.11.

Friction induces vibrations The last discussed physical phenomenon that can con-
tribute to the NVH (Noise Vibration and Harshness) related problems are frictional forces
that emerge at the sliding bearings (rod guide and piston bearing) and sealing of the
damper. Damper friction can contribute to the increased vibration level at the chassis of
the car in two distinct ways. The first mechanism is related to static friction, since axial
forces prior to the damper movement (contact surfaces slippage) will be carried directly
to the top mount and further to the car chassis. This increased transmissibility at the low
amplitude forces of the suspension vibration by itself can cause undesired sensations to
the passengers [72]. The second type of friction-related problem is caused by the so-called
stick-slip phenomenon. This type of rod vibration (which is discussed in detail in [62])
occurs when due to road excitation damper experiences a high-frequency transitioning
between the sticking and slipping phases of friction. Based on the work of Yamauchi et
al. in [128] it can be concluded that apart from the aforementioned friction-related NVH
problems, frictional forces serve as an important link in the overall dynamic behavior of
the telescopic dampers that are allowing to influence each other, the axial and lateral rod
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Figure 2.11: Exemplary design of mass absorber used to alter dynamic properties of the
shock absorber structure (source: Courtesy of Tenneco Automotive Eastern Europe Sp.
z o.o.)

vibration mechanisms that have been described earlier. However, the role and impact
of the frictional forces on lateral vibrations of the damper remain a difficult subject for
reproduction using modeling and simulation tools.

2.7 Standard shock absorbers measurements methods

Due to the widespread application of automotive shock absorbers, there are numerous
standard methods of measuring various characteristics of the damper. Each method is
designed to quantify specific characteristics of the shock absorber. In order to facilitate
an easy introduction of the new numerical tools into the existing industrial development
processes, standard methods are intended to be used as much as possible. This section
aims at introducing the reader to those standard methods while custom methods devised
for parameter estimation of the specific subsystems are discussed in their corresponding
sections.

2.7.1 Shock absorber performance

In terms of assessing the performance-related characteristics of the shock absorber, the
most commonly used type of experimental characterization method is force-displacement
as well as force-velocity graphs (abbreviated as FSV graphs, an example can be seen in
figure 2.12). As described by Duym et al. in [44], shock absorber force plotted in the
function of the velocity is also referred to as characteristic diagram whereas force in the
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Figure 2.12: Exemplary force-displacement and force-velocity characteristics

function of damper displacement is known as work diagram. Both graphs are produced
on the same test bench which in most cases involves a servohydraulic actuator that is
used to induce triangular or sinusoidal displacement signals (at relatively large strokes
>5cm) at different velocities, to the shock absorber while reaction force is measured via
strain-gauge based force transducer. Examples of the commonly used test benches used
for low-frequency measurements can be found in figures 6.6, 6.15a and 7.3a. The damper
is usually not featured with any compliant mounts as it would significantly conceal the
force that is attributed to the hydraulic system of the damper. The main advantage of
this measurement is the ability to capture strong non-linearities of the shock absorber
related to the operation of the valves (FV graph) as well as force characteristics produced
by the end-stop systems (compression and rebound stop systems). This makes both char-
acteristics a primary method of controlling the influence of the damper on the behavior
of the car in a wide range of road events. However, since these diagrams are created
based on the measurements performed only at certain conditions and do not cover the
higher frequency or lower strokes domain they are not able to reflect the influence of the
damper on the car ride and handling completely. Two different dampers that share very
similar FSV characteristics can produce noticeably different vehicle dynamics behavior.

2.7.2 Valve level measurement

During the designing process of a new shock absorber or new valve system, it is advant-
ageous for the engineers to be able to measure the characteristics of the valve without
the influence of other subsystems of the shock absorber. This is facilitated by the ap-
plication of the valve-level test machine (commonly referred to as flow-bench, shown in
fig. 2.13) which allows for establishing a relation between flow rate and pressure drop
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Figure 2.13: a) flow test bench, b) cross-section of the metal column: 1 – sealed nut, 2 –
pin, 3 –inner tube, 4 – valve location, 5 – inflow/outflow channel [25]

for the individual valve (abbreviated as P-Q characteristic). The test is performed by
inducing a controlled flow through the valve while pressure sensors are placed at differ-
ent positions of the flow path to register the pressure differential produced by the valve
restriction. Flow with the desired rate and acceleration is obtained by two servo pumps
each optimized for different flow conditions. The ability to isolate a singular valve is a
strong advantage of this test setup. Another advantage is easy access to the measured
sample which makes it possible to test multiple valves in a short period of time. On the
other side, a significant limitation of the currently existing measurement machines of this
type is low flow rate acceleration which makes it impossible to study a dynamic effect of
the flow at the valve level.

2.7.3 High frequency response

At the previously discussed test setups which aimed at measuring shock absorber force
characteristics quasi-statically, compliant mounts were not been preset during the test
and as a consequence, the piston rod was held fixed. Since the vibration of the rod de-
pends strongly on the stiffness and damping of those compliant elements of the structure,
in order to correctly capture the dynamic properties of the system, the test set-up has
to include those parts as well. As demonstrated in [39, 48], the top mount is the most
important vibro isolator that influences the high-frequency content of the damper vibra-
tions whereas due to the relatively high stiffness of the lower bushing (and partially high
inertia of the lower assembly), it is influencing rod accelerations in much lesser extend.
Due to the above reasons, tests that are designed to reveal the high-frequency behavior
of the damper in most cases are performed at the modular level (while the modular as-
sembly is defined as the assembly of the shock absorber and parts that are mounted to the
suspension together with it). Since it is convenient to analyze the vibrations produced by
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Figure 2.14: Exemplary sinusoidal excitation test results for the high-frequency rod ac-
celeration analysis

the damper both in the time and frequency domain, high-frequency tests are performed
in two variants (as proposed in [123]). In both cases, the sample is actuated using a
servo-hydraulic or electromagnetic actuator while rod accelerations are registered via a
piezoelectric accelerometer. Typical test set-up used for this type of test can be found in
figures 6.15b and 7.3b.

For the time domain analysis, the damper is usually excited with a range of sine sig-
nals. Although worst-case excitation frequency is usually not known (from the perspective
of the rod acceleration magnitude and noise risk), the typical excitation frequency used
for this type of test is at the level of secondary ride mode (∼10-15Hz). For this level
of excitation frequency, stroke is usually well below 5cm, which is much lower than for
the FSV characteristic measurements. During the test, as an output, rod accelerations
are captured by the data-acquisition system. Exemplary sine test results for the time
domain analysis of the rod acceleration are presented in Figure 2.14. This type of graph
allows for observing rod acceleration during various stages of the damper operation, e.g.
opening and closing of the valves, compression and rebound accelerations and peaks. In
certain cases, this type of analysis allows, to identify parts of the damper that are related
to elevated values of the rod acceleration and therefore indicate the most likely source of
the noise.

In the case of the frequency domain, the shock absorber is excited with various noise
signals that aim to reproduce the vibration profile of the unsprung mass or excite uni-
formly certain parts of the frequency spectrum (quasi-pink noise excitation). The results
of such a test can be used to judge the risk of inducing structure-borne noise by the in-
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Figure 2.15: Exemplary spectrum of rod acceleration resulting from noise excitation test

vestigated shock absorber. Since the structure-borne noise problems not only depend on
the source of the vibration (in this case damper) but also on other parts of the structure,
such risk evaluation is not trivial and as a result, is often performed using a comparative
approach where validated designs are used as a benchmark. Examples of both sinusoidal,
time domain, as well as noise, and frequency domain test results, have been shown in
figures 2.14 and 2.15.

Another approach for studying the high-frequency behavior of the shock absorber is to
perform the sine sweep or noise excitation test on the test set-up without the top mount
and analyze only force frequency content in the range of ∼50-500 Hz. This approach
(used for instance in [18]) is less useful for investigating the noise problems but thanks to
the simplification resulting from the lack of top mount, allows for easy comparison with
the numerical results. Additionally challenge with this type of set-up is that the popular
strain-gauge-based force transducers have limited capability to register high-frequency
content, while piezoelectric sensors (as accelerometers used for standardized tests) are
much more robust in this domain. As a consequence instrumentation used for this type
of study has to be carefully evaluated.
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Chapter 3

Literature survey of modeling
techniques

The main objective of this paragraph is to describe the process of establishing the
guidelines and assumptions for the modeling techniques of the automotive shock ab-
sorbers that will be used for further consideration in this dissertation. This is achieved
by reviewing and organizing the knowledge and observations available among the sci-
entific and engineering community. Given the fact that computer modeling of hydraulic
shock absorbers is already a well-established part of automotive engineering with a long
history of peer-reviewed publications, there is a rich collection of already developed and
described models that are capable of reproducing various dynamic behaviors of the shock
absorber. Depending on the purpose, the complexity of these models varies significantly.
On the highest level, the models can be classified into empirical (data-based, black-box)
models and physical (first-principle, mechanistic, white-box) models.

3.1 Empirical models

Since the empirical models are more computationally efficient and don’t require a deep
understanding of the underlying physical phenomena they are well suited for the purposes
of representing the behavior of the damper in the larger assemblies e.g. car models or
multibody simulations [11, 35, 15, 99]. Nevertheless there are many examples of such
models that are used for the purpose of the analyzing and studying damper force char-
acteristics, hysteresis and performance. The following list summarizes the most common
modeling techniques that utilize in various degrees the empirical modeling principles:

• equivalent linearization approach [124, 66]
• restoring force method (force state map method) [44, 119]
• rheological modelling [131]
• non-parametric modelling [125]
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• artificial neural networks [53]
Unfortunately in most cases, empirical data-based models are very limited in their abil-
ity to extrapolate the results outside of the scope of data that they were trained on.
The nature of those models makes them not practical for the purpose of learning and
understanding low-level physical phenomena governing operations of the shock absorber
and therefore don’t allow for exploration of new improvements and methods related to
the design and physical parameterization. For those reasons, the majority of the models
that are intended for the damper designing process are largely based on the physical
modeling principle. These models usually involve a larger number of parameters and are
more computationally expensive but allow for the prediction of the damper character-
istics in a wide range of conditions. Therefore, they can be used for the estimation of
damper performance, and risk of noise issues as well as for the purposes of the design
and calibration process of the damper itself as well as the control system (in the case
of semi-active suspension). It is important to emphasize that the majority of physical
models incorporate also elements of the data-based approach to a certain degree (e.g.
grey box modeling).

3.2 Phisical models

Over the course of the last 50 years, a large number of physical-based models of automot-
ive shock absorbers were proposed and documented. These models vary significantly in
terms of complexity and the amount of physical phenomena that they cover. The major-
ity of the models choose to follow the lumped parameters modeling approach to manage
the complexity by spatially separating the considered systems into relatively independent
subcomponents. Due to the large number of publications related to the physical modeling
of shock absorbers, the tabular overview was prepared in the table 3.1 by expanding the
survey performed in [11]. This summary provides a clear, chronological overview of the
most important publications in the field of physical modeling of the shock absorber with
an outline of physical phenomena that are captured by each model.

Early phisical models From the historical perspective one of the earliest first-principle
models of the shock absorber was proposed by Lang in [83, 108]. Although this modeling
approach emerged relatively early it involved a complex representation of the valves and
oil. With 83 parameters, solved on an analog computer, this model was able to take
into account the effects of compressibility and inertia of the fluid. Extensive work was
performed to characterize the discharge coefficient used in describing the pressure-flow
relation at the orifice of the valve in turbulent flow conditions. Experimental tests con-
firmed the validity of the assumptions made by Lang for the frequency range up to 20
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Literature source Phisical phenomena included in the model
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Lang 1977 [83] D D D D D D D
Hall and Gill 1986 [67] D D D D D
Surace et al. 1991 [119] M D D D D
Reybrouck 1994 [101] M D D D D D
Lee 1997 [85] M D D D D
Duym et al. 1997 [44] D D D D D
Duym et al. 1998 [43] D D D D D D
Duym 2000 [42] D,M D D D D
Purdy 2000 [97] D D D D D
Czop 2001 [33] T D
Young et al. 2002 [130] M D D D D
Talbott 2002 [121] M D D D D D
Park 2005 [91] T D D D D
Benaziz 2015 [20] D D D D D D D D
Sikora 2021 [111] D D D D D D D D

Table 3.1: Summary of the physical phenomena related to the automotive shock absorbers
reproduced by models across publications
* abbreviation of damper types: M - monotube, D - double tube, T - semiactive triple
tube with one unidirectional active valve

Hz. A similar model but for the monotube damper was documented by Lee in [85]. In
contrast to early detailed models presented by Lang, Segel and Lee, there were also mul-
tiple approaches to deriving much simpler models as in [101]. In those types of models,
valve restrictions are often parameterized with non-physical coefficients [97]. An over-
view of such simplified modeling techniques that were based on the simple mathematical
relations combined with data-based models was provided in [44]. Together with [42] it
discussed also aspects of parameters identification for this class of models.

Improvements in modeling hysteresis In parallel to the physical modeling capabil-
ities advancements, attempts were taken to better represent the hysteresis by improving
the reproduction of the oil compliance [118, 41]. Duym proposes a method that takes into
consideration the effect of the non-dissolved gas on the bulk modulus of the oil in [43].
Effects of the chamber compliance over the hysteresis of the double tube shock absorber
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have been studied in detail in [84] and proposed a chamber mathematical model that was
based on the thick-walled cylinder equations.

Improvements in modeling the valves One of the earliest attempts to include the
shock absorber valves as a separate mechanical system was published in [67] by Hall
and Gill. In this work, a full-body diagram was considered for the valve but the valve
stiffness was included in the form of a linear spring. Later publications by Talbott et
al. [121] and Eyres et al. in [50] involved first attempts at incorporating stiffness of
the valves and shim stacks in form analytical formulas. Similarly, Farjoud et al. in [52]
studied the model of shock absorber with the shim opening governed by the tick plate
theory. Works of Czop, in [31, 34, 32] focused on modeling of isolated shim valves using
analytical and numerical methods such as finite element method, computational fluid
dynamics as well as fluid-structure interaction. Similarly, Bell and Beale in [17] used FE
and CFD methods for the shim stack simulations within the monotube damper. The
hybrid modeling approach of the shim stack stiffness using the beam deflection method
was proposed by Xu in [127]. With this approach, thanks to efficiency, shim stack stiffness
can be relatively easily included in the system-level models. Later models proposed by
Benaziz in [20, 18] also included valve stiffness estimated using finite element methods.
A very detailed study using fluid-structure interaction modeling technique was delivered
by Nillson and Pelosi in [88].

High frequency models In terms of capturing higher frequencies produced by the
damper, one of the first publications was delivered in [130] and [129] but the mathemat-
ical models are not described in detail and are based heavily on the empirical approach.
Czop et al. in [33] demonstrated an advanced physical model that was capable of reprodu-
cing the high-frequency response of the shock absorber together with the servohydraulic
actuator. Significant simplification assumed in this work was that valves have been rep-
resented in the form of the empirical look-up table approach. A much more detailed
approach to modeling valves has been demonstrated in [19, 20] where each valve consti-
tuted a separate mechanical system. An important advancement in modeling the valves
has been made by including the stiction force that is acting on the flat surfaces of the
intake valves. This allowed a better representation of the high-frequency vibration caused
by the intake valve opening. A similar model of a double tube shock absorber has been
studied by Sikora in [110, 111]. This model has been specifically oriented on the prob-
lem of structure-borne noise caused by the operation of the shock absorber. In terms of
ER/MR damper, high frequency model of has been studied by Gołdasz in [63].

Semi active dampers With the adoption of semi-active suspension systems by the
mass market, the demand for the capabilities of simulating and the performance of such
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technologies significantly increased. One of the first publications on modeling semi-active
dampers was prepared by Park in [91]. It dealt with the same semi-active damper type
(namely triple tube design with one unidirectional active valve) but the description of the
damper model (which was prepared in a Matlab Simulink environment) is very limited.
A more detailed study was performed by Pellegrini in [93] but the semi-active layout
differed significantly from the one that is considered in this dissertation. Over the course
of the last decade, a series of master theses was prepared by the scientific community in
cooperation with Ohlin’s engineering center. These studies were primarily oriented on
the active valve and its dynamic response, examples: [61, 12, 94].

Vibro-isolators As discussed in 2.6 rod accelerations produced by the operation of
the shock absorber strongly depend not only on the dynamics of the shock absorber but
also on the behavior of the elastomeric vibroisolators. The impact of the top mount
on the noise and harshness aspects of driving comfort has been studied in detail by
Eickhoff et all. and Sonnenburg et all. in [48, 115]. As a result, in order to virtually
predict dynamic aspects of the shock absorber, a detailed model of the top mount has
to be included. This is not a trivial task since due to their inherent viscoelasticity and
viscoplasticity, for most of the vibroisolators designs, their dynamic behavior depends on
multiple external variables such as amplitude, frequency and preload of the excitation
as well as on environmental conditions such as temperature and humidity. Fortunately,
since elastomeric vibroisolators are widely used across many transportation industries,
over the last century, there have been many attempts at representing their behavior with
various numerical and rheological models. Historically the simplest one was Kelvin-Voigt
cell which consists of spring and dashpot elements connected in parallel. Usually, the
steady state and dynamic response of the bushings, for a given preload and amplitude
are described in the frequency domain using dynamic stiffness and loss angle [80, 96].

As it can be observed in figure 3.1 this model is capable of capturing the stiffness
(for selected amplitude, see eq.) but fails at reproducing loss angle dependency on fre-
quency. Despite its deficiencies, this model has been used in multiple models that aimed
at studying damper dynamics [20, 110].

As an attempt to improve the fidelity of the bushing models, multiple models have
been proposed by combining the following elementary cells: Kelvin-Voigt, Maxwell and
Zener. The performance and characteristics of these models have been compared by
Polach in [96]. Particularly popular has been a parallel rheological framework which uses
multiple Maxwell cells connected in parallel with other elementary cells [37, 74, 122]. As
an attempt to make the application of various rheological models more flexible, a modular
approach has been proposed in [29] and [107]. Another popular family of models has
originated from the attempt to capture various behaviors related to softening or hardening
of the bushing by combining a regular rheological model with the Bouc-Wen differential
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Figure 3.1: Representation of the dynamic stiffness and loss angle by the Kelvin-Voigt
model [106]

model [24] that allows capturing time-history dependent hysteretic force [89]. Correct
representation of the dynamic bushing behavior is particularly important in the domain
of multi-body simulations. For that reason, virtually all MBS (Multi-Body simulation)
software packages have developed their own versions of the mathematical models of the
bushings and hydro-mounts dynamic behaviors (e.g. MSC Adams [10], Simpack [9],
MotionView [2]). In most cases, models included within MBS packages involve a large
number of parameters so that they are capable of covering a wide range of possible
bushing designs and behaviors. This versatility comes at the cost of a more challenging
process of parameter estimation.

3.3 Conclusions

Based on the performed survey and consultations with the engineering community, generic
guidelines for the model architecture were established. As in most of the contemporary
damper models, lumped parameters modeling approach will be used due to the flexibility
in working with multiple subsystems. Also, due to the ease of introducing changes at
the subsystem level and integration with other systems across the industry, Simcenter
Amesim was selected as a modeling environment.

In terms of modeling the damper chambers and flows, the mass flow approach was
selected similarly as in [33] and [20]. Shock absorber tube elasticity is represented us-
ing thick-wall cylinder theory as in [84] since it allows for a simple estimation of the
compliance related to the deformations of the damper structure.

As emphasized already in previous sections, dynamic valve level behavior is essential
to the performance of the shock absorber in the domain of vehicle dynamics, therefore
shock absorber suppliers constantly look for ways to improve the design of the valves.
This results in a large number of design modifications and design variants of the classical
shim stack valve that appear on the market. As a result, a proposed model must be
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characterized by a high level of adaptivity otherwise it might become quickly outdated.
However, due to multiple physical phenomena that are involved in the operation of the
passive valves of the shock absorbers, modeling the dynamic behavior of the passive valves
is a complex subject that requires mathematical formulation that is very specific to the
physics it attempts to capture. As a result, a compromise has to be found between model
flexibility and how detailed is the physical representation of the valve behavior. Based on
the study of the existing models it has been observed that the high diversity of the valve
designs, mainly impacts the stiffness characteristics of the valve (due to the application of
various shapes of the shim discs, coil-springs, preloads and support surfaces, etc.), whereas
the physics related to other aspects of the damper valve operating (friction, stiction force,
jet forces, restriction) remain relatively similar to the majority of the designs. As a result,
it has been decided that each passive valve will be represented as a separate mechanical
system but the stiffness of the valve should be represented using an empirical approach
(in the form of valve level, load-deflection curve).

This decision is further justified by the fact that together with the advancements in
the designs of the valves, simulation and experimental tools that are allowing for the
prediction of the valve characteristics (in this case valve stiffness) are also progressing at
a fast pace. Therefore it is more desirable to develop a model that can easily accept data
from external, specialized tools and methods (in this case for representing the stiffness of
the valve) than include this complexity in the system-level model of the shock absorber.
This is particularly true in the case, of the active valve, since due to the complexity
involved, entire engineering departments, are devoted exclusively to the problem of mod-
eling its behavior. Based on the observations and conclusions in [33]) it has been decided
that for the purpose of the semi-active damper model development at the system level,
the active valve will be represented using the data-based approach in the form of 3D
look-up tables.

As discussed in section 3.2, modeling of the vibroistolators is a well-established dis-
cipline that is widely used by various engineering teams of the shock suppliers. In order
to capture complex dynamic characteristics (dependency on frequency and amplitude)
but also to make the model compatible with existing procedures it has been decided to
adopt a bushing model that is part of MBS package (Altair MotionView) that is already
commonly used in the automotive industry.

In terms of the main considered applications of the developed model (noise and
control-related aspects, discussed in section 2.6) the side loads acting on the damper
are not considered. Therefore, the friction-induced between the rod and damper tube
assembly is relatively low. However, due to the importance of the damper friction for the
vehicle performance, as well as due to the recent advancements in modeling delivered in
[72] a high-fidelity model of the friction should also be used.
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Proposed model description

This chapter describes the semi-active shock absorber model which was proposed based
on the survey of already existing computer modeling techniques and guidelines formu-
lated in chapter 3 as well as on the consultation with the engineering community of
the industrial partner company. A model introduced in this chapter will be used for all
further considerations in this dissertation.

Despite knowledge resulting from the performed survey and consultations, the process
of establishing modeling techniques involved also a trial-and-error learning activity with
various simulation tools. Due to practical reasons, intermediate models that were used
during the process of experimentation and testing were not included in this paragraph
however observations related to some relevant alternative modeling techniques were de-
scribed in section 4.7. Together with the survey, these observations provide a rationale
for selecting the specific modeling approach.

An important part of developing the model is also establishing the strategy for calib-
rating the parameters. The main goal of this chapter in regard to parameter calibration
is to classify how the value of any given input parameter used in the proposed model
will be obtained. In the case of parameters that require complex procedures to establish
their value, a separate procedure should be proposed in subsequent chapters. However,
in order to facilitate an easy application of the developed model, it is desired to either
based on the experimental and virtual methods or based on the literature knowledge, fix
the value of as many parameters as possible so that calibrating them does not consume
engineering resources for future use of the model.

4.1 Rod forces

As the main role of the shock absorber is to generate the damping force during the
actuation of the suspension, the first described part of the model is force equilibrium at
the rod. At the most general level, the shock absorber model is used to estimate the force
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it exerts on the piston rod when the external excitation is applied to its lower mount.
The calculation of this external force starts with equation 4.1 where it is established from
the internal pressures, their corresponding surface areas as well as frictional force. This
equation is used when the shock absorber is rigidly fixed.

Fd = Pr(Ab − Ar)− PcAb + Fµ (4.1)

where: Pr and Pc correspond to rebound and compression pressure whereas Ar and Ab

refer to the cross-sectional area of the rod and inner diameter of pressure tube (bore)
according to the equations 4.2 and 4.3.

Ar = π(D2
PT −D2

R)/4 (4.2)

Ab = πD2
PT/4 (4.3)

In practice, however, the dynamic force which is transferred to the top mount dome
and car frame is dependent also on the dynamic characteristics of the top mount elasto-
meric bushing. When the complete modular assembly is taken into account by the model,
the equation 4.1 has to be expanded by the rod equation of motion, as in eq. 4.4

Mrodẍ+ Ftm = Pr(Ab − Ar)− PcAb + Fµ (4.4)

where: Mrod correspond to mass of the piston rod assembly, and Ftm to the force coming
from the top mount bushing. The friction force that appears between the rod guide and
rod is obtained based on the equations 4.38 - 4.41 in section 4.6.

4.2 Hydraulic system

In order to model the behavior of the hydraulic system, the damper is divided into
three control volumes: rebound, compression and by-pass chamber. Pressure changes in
each of the volumes depend on the changes in volume (resulting from the motion of the
damper), flows through the corresponding valves in and out of the chambers and on the
overall compliance. Control volumes are related to the damper position by the following
equations 4.5 - 4.7.

Vr = Ar · (lr0 − xtube) (4.5)

Vc = Ac · (lc0 + xtube) (4.6)

Vb = const (4.7)

In order to make a link between pressure and volumetric change of the control volumes,
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equation 4.8 for the mass flow is introduced based on the principle of conservation of mass.

dm

dt
=

d

dt
(ρV ) = ρ

∂V

∂t
+ V

∂ρ

∂t
(4.8)

With the assumption of constant density over the control volume and by introducing
bulk modulus K, equation 4.8 can be transformed into:

Q =
∂V

∂t
+
V

K

∂p

∂t
(4.9)

where Q is the net volumetric flow in and out of the control volume through the valves.
The first term of the equation 4.9 relates to the changes in the volume caused by the
movement of the shock absorber whereas the second term comes from the total compliance
of the chamber that is represented by a control volume. Based on the above equation, the
following relationships (equations 4.10 - 4.12) can be formulated for rebound, compression
and by-pass control volumes respectively:

∂Pr

∂t
= −Kr

Vr
(
∂Vr
∂t

+Qp +Qbp) (4.10)

∂Pc

∂t
= −Kc

Vc
(
∂Vc
∂t

−Qp +Qbv) (4.11)

∂Pb

∂t
= −Kb

Vb
(Qa −Qbp) (4.12)

The sign convention is established in such a way that the rebound direction produces
a positive value of the tube displacement.

4.3 Chamber compliance

In the general case, the total bulk modulus of the chamber originates from the bulk
modulus of the hydraulic medium as well as from wall compliance of the inner tubes of
the damper that are subjected to the pressure differentials (according to equation 4.13).

1

Ktotal

=
1

Keml

+
1

Kwall

(4.13)

For the purpose of parameter identification, both sources of compliance are estimated
separately. Since parameters related to oil compliance are much more volatile (as ex-
plained below) wall compliance is calculated first based on Hooke’s law while experimental
identification of compliance only concerns a bulk modulus of the hydraulic medium.
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Compliance of the hydraulic medium Oil is the primary hydraulic fluid used in the
considered design of the shock absorbers, however, due to the fact that the reserve (rod
volume compensation) chamber is filled with nitrogen, oil is subjected to mixing with
the gas during the operation of the shock absorber. As a result of this mixing process,
part of the gas is dissolved into the fluid and part is dispersed in form of an oil-gas
emulation. Since oil-gas solution and oil-gas emulsion differ significantly in terms of bulk
modulus, in order to derive the bulk modulus of the fluid it is necessary to establish
what fraction of the gas is undissolved for given conditions in the chamber at a given
point in time. In the presented model, this is realized by introducing such parameters as
saturation pressure and oil vapor pressure. Above saturation pressure, the entire gas is
deemed to be dissolved and the bulk modulus of the hydraulic medium is virtually equal
to the bulk modulus of pure oil. Below vapor pressure, the entire gas is considered to
be freed and the vaporization process of oil is starting. The pressure range between oil
vapor pressure and saturation pressure is governed by Henry’s law in such a fashion that
the volumetric fraction of undissolved gas (θ in equation 4.14) depends linearly between
saturation pressure and vapor pressure. The fact that the value of oil vapor pressure
is the same as the value of pressure for the complete release of gas from the solution is
a simplification but in normal working conditions, the shock absorber always operates
above these values [40].

θ(P ) = 1− P − Pvap

Psat − Pvap

(4.14)

With the assumptions of the constant bulk modulus of oil and independence of oil’s
bulk modulus of temperature, the density of the emulsion can be estimated according to
the equation 4.15 [4, 3].

ρeml(P, T ) =
(1− χ) · ρoil(Pref , T0) + χ · ρgas(Pref , T0)

(1− χ) · exp(− P−Pref

Koil(Psat,T )
) + θ(P ) · χ · T

Tref
· (Pref

P
)

1
Γ

(4.15)

Keml = ρeml ·
∂P

∂ρeml

(4.16)

Where Γ is a polytropic index of the gas and χ is the volumetric gas content of the
emulsion. With such an approach, the only parameter that poses difficulty in character-
ization is gas content since this value is changing depending on the mixing and sloshing
condition in the reserve chamber.

Volumetric compliance of the structure The model presented in this dissertation
considers structural compliance originating only from volumetric flexing of the tubes
while axial stiffness of the rod and tubes is neglected. Nevertheless, mentioned volumetric
compliance takes into account longitudinal and hoop stresses resulting from the pressure
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differential acting on a tube. Volumetric wall compliance of the chamber can be estimated
using thick pressure vessel theory with the equation 4.17. This formula is only applied
to the outer wall of the by-pass chamber and the outer wall of the compression chamber
since the restriction between the rebound chamber and by-pass chamber is usually small
resulting in a small pressure differential that allows for simplification of the model.

ψ =
2

E
· (r

2
o + r2i
r2o − r2i

+ ν)− 2

E
· ν · r2i

r2o + r2i
(4.17)

Based on equation 4.17 from which the bulk modulus of the chamber can be derived
with equation 4.18.

Kwall(P ) =
1 + ψ · P

ψ
(4.18)

4.4 Valves submodel

For a given excitation velocity, forces exerted by the shock absorber originate primarily
from the pressure difference in the rebound and compression chamber. The role of the
valves is to control the pressure differential for given flow conditions, therefore their
mechanical and hydraulic properties are responsible for setting P/Q characteristics (delta
pressure vs flow rate). The design of the valves facilitates easy adjustments of the shim
stack stiffness which is used to control P/Q characteristics and therefore valves are the
primary component through which the behavior of the shock absorber is influenced [40].
Additionally, as described in section 2.4, the behavior of the valving system must prevent
pressure in various chambers from reaching undesirably low or high values. This creates
a need for valves that are significantly different in terms of P/Q curves. Therefore, in
the considered type of semi-active shock absorber, two types of valves can be found (see
figure 2.6):

• shim-valves which are primarily responsible for setting up a pressure - flow rate
characteristics of the damper

• intake-valves which for the most part, play a role of a check valve, which in the flow
direction exerts as low restriction as possible.

Due to design limitation influence of the intake valves on the forces generated by the
damper cannot be neglected. Due to significant differences in the design, different 1D
mechanical models are prepared to correctly reproduce pressure difference for a given flow
condition. The primary difference between the models can be found in flow paths but as
demonstrated in subsequent sections, such characteristics as valve stiffness, friction and
stiction forces are very different as well.
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Apart from the passive valves that have been described above, part of the flow in the
considered design of the semi-active damper is channeled through the by-pass chamber
to the active valve. This valve is continuously electronically controlled in terms of flow
restriction. The control is performed by the means of solenoid exerting force on the
hydraulic leverage valve. As demonstrated in [33], for the study of the dynamic aspects,
this valve can be reproduced with the data-based approach as a three-dimensional look-
up table. Such an approach greatly simplifies what otherwise would be a complex sub-
system.

Valves mechanical model Schematic layout of the mechanical hydraulic models for
both types of the valves can be observed in figure 4.1. It consists of an elementary mech-
anical spring and dash-pot system with a mass element that is restricting the flow of
the fluid. Spring element reproduces the non-linear stiffness of either shim stack or coil
spring, depending on the design of the valve. The non-linear load-deflection characteristic
of a stiffness element is approximated by a two-term exponential function as in equation
4.19. Although in most cases this approximation approach is sufficient, due to the highly
non-linear shape of the valve stiffness characteristic of some of the valves that can be en-
countered in industrial applications, alternative stiffness approximation strategies were
used as well. This included bi-linear approximation (or in some cases three-linear) for
which the transition point has been smoothened using Bezier splines [49]. An additional
benefit of such an approach is that the parameter values are much more intuitively inter-
preted which allows for defining more realistic boundaries for the optimization algorithm
used for model calibration. On the other hand, using such an approximation formulation
requires a more complex procedure for the stiffness characteristic evaluation.

Fk(xv) = a · exp(b · xv) + c · exp(d · xv)− Fpreload (4.19)

Apart from the stiffness, the 1d valve model takes into consideration also following
forces that are described in detail, in the subsequent paragraphs:

• F∆p - force due to pressure difference,

• Fm - force due to change of flow momentum,

• Fst - Stiction force,

• Fµ - Valve friction forces.

As a result, for each valve, it is possible to write the equation of motion in the form
of eq. 4.20.

mv(ẍv) + cvẋv + Fk(xv) = Fst + F∆p + Fµ + Fm (4.20)
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(a) Shim valve (b) Sliding intake valve

Figure 4.1: Schematic drawings of the valve model

Force due to pressures difference When the pressure differential is present between
two chambers, force F∆p is exerted on the valve mass element in the opening direction.
Since the shim stack opens by tilting discs at an angle in relation to the support, for this
type of valve, the non-constant pressure distribution is considered between Dd and Di as
in eq. 4.21, fig. 4.1a. On the other hand, for the intake valve, pressure is deemed to stay
constant through the opening meaning that for this type of valve, force F∆p is calculated
according to eq. 4.22, fig 4.1b.

F∆P =
π

12
· (Dd −Di) · [Dd · (2p1 + p2) +Di · (p1 + 2p2)] (4.21)

F∆P =
π · (p1 − p2)

4
· (D2

d −D2
h) (4.22)

Force due to change of flow momentum Apart from the force exerted by the
difference in pressures, during the opening and closing of the valve, part of the stream
of oil is inevitably deflected by the geometry of the valve. This creates a change in the
momentum of the oil flow which generates the reaction to the jet force Fm that acts on
the surface of the shim stack. In an idealized case, the jet force can be approximated by
4.23.

Fm = QρVf sin ζ = ρAfV
2
f sin ζ (4.23)

By incorporating the equation used for the volumetric flow rate (see eq. 4.29), the
above equation can be converted into eq. 4.24.
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Fm = 2C2
q · Af ·∆P · sin ζ (4.24)

Where ζ is the angle of the deflected oil stream, Af is a flow area that depends on
the valve opening (calculated with eq. 4.27 and 4.28) and Vf is flow velocity. The main
challenge with the proper incorporation of the influence of the jet force over the shim
stack is to estimate the angle at which the flow is deflected. Since this quantity is difficult
to measure, a rough estimation is done based on the study of the spool valves in [21] for
which the angle is established at the value of 70°. Based on the study performed for the
estimated values of the parameters, it has been established that jet force, exerts only
a minor influence on the valve opening when compared with other forces acting on the
passive valve.

Valve stiction force Apart from the forces described above, as observed in [20, 111],
from the perspective of the dynamic behavior of the valve, stiction force is also relevant.
It emerges when a thin oil film is trapped in between two flat surfaces that are being
separated. In such a case, fluid has to flow into the slit and fill the volume that is
being created by the separation of the adjacent surfaces. Flow restriction causes pressure
drop on the surfaces being separated at a high rate. The process has been described
mathematically for similar geometry in [77], from which the equation 4.25 is used for the
estimation of this force.

Fstic =
3πµ

32(xv + xv0)3
· dxv
dt
D4

i (1−X4 +
1− 2X2 +X4

ln(X)
) (4.25)

where X is defined as a ratio of outer diameter to inner diameter X = Dd

Di
In the

equation 4.25, stiction force depends on the velocity of the valve opening and the distance
separating both surfaces which cannot be considered zero since in such case the first term
of the equation would approach infinity. As a result, a certain minimum separation value
has to be identified (xv0). This value can be considered as a measure of the height of the
surface asperities of the adjacent faces and strongly influences the overall level of stiction
force generated during valve opening.

Shim valve friction The slit through which hydraulic fluid can pass during the opening
of the shim valve requires tilting the stack of discs. Due to transversal forces, this
tilting motion is accompanied by sliding between discs which are resisted by frictional
forces because of the normal force at the surface of the disc. Friction between discs,
demonstrates itself in form of hysteresis in the P/Q characteristic in such a way that
during the opening of the valve, the stack has a higher stiffness than during closing (see
figure 4.10). The frictional force created with the mechanism described above depends on
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the normal force generated at the surface of each of the discs which for a given diameter
of the valve will depend on the stiffness of the complete stack.

In order to reproduce hysteresis in the P/Q relationship with the existing mechan-
ical model (see figure 4.1), different models of friction have been considered and their
performance has been compared with the experimental data described in section 6.2.1
as well as in [25]. It has been observed that any model that involved viscous frictional
behavior did not match the measured data. Experimental data also did not show any
behavior that would suggest the effect of static frictional force.

It was hypothesized that despite lubrication, the transversal motion between discs is
small enough and slow enough to be confined entirely to the boundary lubrication regime
of Stribeck’s curve where frictional forces are exerted directly at the asperities. Advanced
dynamic models of friction that are capable of capturing such phenomena as stiction, rate
dependency and viscous friction and aim at reproducing the friction in the wide range of
lubrication regimes (e.g. LuGre or Bliman and Sorine) often perform poorly at such low
displacements [90]. On the other hand, Dahl’s friction model primarily aims at modeling
the behavior of the friction which is resulting from contacting asperities and their elastic
and plastic compliance, prior to actual sliding motion. When the relative displacement
between surfaces is large enough and sliding does occur, Dahl’s friction becomes a simple
dry, Coulomb friction. However, a characteristic feature of Dahl’s friction is that due to
the elastic deformation of asperities, after unloading, part of the relative displacement
returns to the original configuration (see fig 4.2). As a result, Dahl’s friction model was
implemented as in eq. 4.26. As demonstrated in section 6.2.3, the application of this
friction mechanism allows for an accurate representation of the valve opening and closing
characteristics.

dF

dxv
= σ0(1−

F

Fc

· sgn(ẋv))α (4.26)

Valve opening When the force F∆p exceeds the preload force of the spring element,
the valve opens. Opening of the valve creates an orifice that is facilitating the flow of
the fluid. Due to the fact that in the case of the intake valve, oil can flow around the
outer and inner circumference of the disc, the area of the orifice is calculated differently
for both valves: for shim valve eq. 4.27 (see figure 4.1a) is used for the intake valve eq.
4.28 (see figure 4.1b) is used.

Afs = xv · πDd (4.27)

Afi = xv · π(Dd +Di) (4.28)

Pressure drop over an orifice of a given area due to dependency on multiple side factors
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Figure 4.2: Friction force in the function of displacement according to Dahl’s friction
model [90]

such as valve geometry and flow conditions is not a trivial problem. The most commonly
used approach for addressing this problem has been a formulation involving discharge
coefficient as in equation 4.29 which is convenient from the perspective of subsequent
parameter identification [71, 121, 20].

Q = CqAf

√
2∆P

ρ
(4.29)

In order to capture a correct characteristic at different values of Reynolds number,
the discharge coefficient depends on flow number λ as in equation 4.31. However, it has
been observed that in practice, due to the complex geometry of the valves of the shock
absorber, the flow number is relatively high, meaning that for the majority of operating
conditions of valves, they remain within a turbulent flow regime. This further simplifies
parameter identification because according to the relation from eq. 4.30, for flow values
above the critical value, the discharge coefficient is virtually constant.

Cq = Cq,max · tanh(
2λ

λcrit
) (4.30)

λ =
DHyd

ν

√
2∆P

ρ
(4.31)

Additional valve flow paths As discussed in 2.5, passive valves often incorporate a
small additional orifice at the first shim disc that is influencing the low flow rate part of
the P-Q valve characteristic (see figure 4.3). This part of the valve is represented in the
model by a parallel (to the valve opening flow) flow path that is governed by the equation
4.29 but with an assumption of constant value of the discharge coefficient (assuming a
turbulent flow regime). The value of Cq differs significantly from the one used for the
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flow created by the valve opening therefore, its valve has been established experimentally
based on the separate flow-bench experiment (see figure 4.4a).

Figure 4.3: View of the purposefully introduced slot that influences the low flow rate part
of the P/Q curve (valve bleed)

Apart from the purposefully introduced open orifices in the valve, inevitably certain
leakages are always present between rebound, compression, third and reserve chambers.
Although many authors include those leakages in their models (e.g. in [111]), due to
difficulties in characterization as well as the fact that the flow behavior is similar to the
valve bleeds, in the proposed model these leakages were not considered. This simplifies
the model and reduces the number of input parameters.

Conversely, to the valve bleeds, the high flow rate area of the P-Q characteristic can
be influenced by the restriction that is created by the main slots of the piston and base
valve. This can only have an influence at high flow rates but due to the wide range of
the possible valve characteristics, this restriction is also taken into account. The flow is
governed by the same approach as in the case of the valve bleed although with a different
value of the discharge coefficient that was calibrated only at the very high flow rate part
of the P-Q characteristic (see fig. 4.4b).

4.5 Top mount

In order to reproduce the dynamic behavior of the top mount vibroisolator, a rheological
rubber bushing model developed for Altair MotionView Multi-body simulation package
has been used [2] (also known as "AutoBushFD"). It originates from the rheological
model incorporating Bouc-Wen hysteretic restoring force formulation described in [89]
(radial bushing model) and [116]. This model is capable of reproducing dynamic stiffness
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(a) Restriction through the bleed slot (low flow
rates)

(b) Restriction through the main slot (high flow
rates)

Figure 4.4: Verification of the discharge coefficient values performed based on the flow-
bench test results

and loss angle dependency on amplitude, frequency as well as on preload. Non-linear
load-deflection characteristic is included using an empirical approach by higher order
polynomial approximation of the measured static response. The schematic layout of
the model has been shown in figure 4.5. Reaction force resulting from this bushing
formulation is described by equation 4.37 which depends on effective stiffness K and
damping C as well as nonlinear static load deflection curve FLD which is a function of
the input displacement X. Effective stiffness and damping are derived in eq. 4.36 and
4.35 based on the values of state variables y and ẇ which are adjusted with set of scaling
coefficients (c0 q0 q1 q2 k0 p0 p1 p2). Values of two internal states are obtained from the
ordinary differential equations 4.34 and 4.33. For the dynamic force estimation, filtered
excitation (denoted by x) is used according to eq. 4.32.

ẋ = Ẋ −Rx (4.32)

ẏ =
1

c1
(c1ẋ+ k1(x− y)− k0y) (4.33)

ẇ =
1

(c0 + c2)
(c2ẋ+ k2(x− w)) (4.34)

K = k0(p0 + p1|y|p2) (4.35)

C = c0(q0 + q1|ẇ|q2) (4.36)
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Figure 4.5: Schematic layout of the AutoBushFD [2]

F = Ky + Cẇ + FLD(X) (4.37)

4.6 Rod friction

As discussed in section 2.3, the frictional forces generated by the shock absorber between
rod and tube assembly can have a significant negative impact on ride, handling as well as
noise-related aspects of the automotive suspension. Despite significant resources devoted
by the damper suppliers to reducing friction force, often it is still a daunting problem.
Friction forces depend strongly on the side forces exerted by the shock absorber bear-
ings. For that reason, effects related to the frictional forces are most pronounced for the
MacPherson type of shock absorber strut, because at this design particularly high bending
moments are transferred via rod. In other mounting conditions, shock absorbers bending
moments are much lower (generated by the coil-spring and mounting bushing rotations
and non-axialities) and therefore the impact of the friction is much lower, however, it
should still be taken into account when high-frequency rod vibrations are analyzed.

Due to the significance of damper friction forces in the vehicle dynamics domain, the
experimental procedures dedicated to characterizing it are well established. The most
widely used method for determining the friction force is to measure the damper force at
such a low velocity that other forces originating from the hydraulic layout of the damper
are negligible. This approach is convenient but due to velocity constraints doesn’t allow
to capture of the complete friction force behavior. Another strategy to separate the
friction force is to decrease the damping force by removing the passive valve restrictions.
This allows for the measurement also at the higher velocities. Exemplary friction force
characteristics have been shown in figure 4.6.
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Figure 4.6: Exemplary friction force-displacement and force-velocity graph for the piston
sliding bearing surface [72]

Frictional forces in the shock absorber originate at three separate sets of adjacent
surfaces (indicated in figure 4.7):

• piston bearing (steel - PTFE sliding bearing)
• rod guide bearing (steel - PTFE sliding bearing)
• oil sealing (steel-rubber)

Friction forces originating from sliding at bearing surfaces (at rod guide and piston)
are highly dependent on the side loads whereas the oil sealing behavior remains similar
regardless of the shock absorber bending. Since in the considered cases, the side loads
exerted on the shock absorber are low, for the sake of model simplicity, frictional forces
from all the surfaces are included as one combined frictional force.

Figure 4.7: Surfaces at which the friction force is induced at double tube design (courtesy
of Tenneco Automotive Eastern Europe Sp. z o.o.)

For each of the considered contact areas, the oil film is present between the sliding
surfaces. Together with the fact that the rod movement in relation to the rest of the
damper might occur at high rates and amplitudes, the model of the friction should take
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into account various lubrication regimes, as captured by Sribeck’s curve. It is character-
ized by high static friction force due to physical contact at the level of surface asperities.
After the relative motion is initiated the friction force decreases due to the increased
oil film but only up to a certain point at which the friction is only generated by hydro-
dynamic forces created by lubrication which are increasing proportionally to the velocity
of the relative motion.

As demonstrated in [72] a formulation that captures the aforementioned behavior is
a variant of the LuGre model (Lund Grenoble) proposed in [27]. It is able to combine
the stiffness behavior captured by the Dahl model with the Stribeck effect. The model
is visualized as the bending of a set of bristles that act as a spring element. Using this
approach the force can be represented by equation 4.38.

Frµ = kb · zb + s1
dzb
dt

+ s2∆v (4.38)

where kb is representing the stiffness of the bristles, zb is the average bristle deflection,
s1 the bristle microscopic damping coefficient governed by equation 4.39, s2 the viscous
friction coefficient and ∆v the relative velocity.

s1 = ccomp · exp(
−∆v

vd
)2 (4.39)

where ccomp is a parameter controlling damping for the tangential compliance and
vd is a velocity threshold. Further, the bristle deflection z is captured by equation 4.40
whereas the Stribeck effect is reproduced by g(∆v) function in equation 4.41.

dz

dt
= ∆v − kb ·

|∆v|
g(∆v)

· z (4.40)

g(∆v) = Fc + (Fs − Fc) · exp(
|∆v|
as

)αs (4.41)

here Fc is the Coulomb friction force, Fs the static friction force and as the Stribeck
constant. At large deflection, Fc is a dominant parameter that can be easily established
from the standard measurement procedures as shown in figure 4.6.

4.7 Study of alternative valve modeling techniques

The reasoning behind some of the decisions made regarding the valve modeling techniques
for the proposed model might not be immediately clear to the reader. This subsection
aims at indicating the effects that some of the valve-level physical phenomena have on the
characteristics of the semi-active shock absorber and therefore it serves as an additional
justification for including these parts of the numerical model.
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4.7.1 Impact of the valve stiction forces

As demonstrated in the subsequent subsection 6.5.1, one of the key sources of the disturb-
ance that is contributing significantly to the rod vibration is the opening (and to a lesser
extent closing) of the passive valves. During the opening of the valves two, flat, adjacent
surfaces that are submerged in the hydraulic medium have to separate. When the rate
of the separation is high enough, additional stiction force will be exerted on the valve.
This additional force might contribute negatively to an event that by itself, is already
causing undesired dynamic rod accelerations. Since stiction forces are induced always at
the onset of the valve opening, in an idealized case, this should happen when the shock
absorber force direction is changed. However, due to the hysteresis caused by the damper
compliance valve openings and closings are offset as indicated in the force-velocity and
force-displacement graphs in figure 4.8. In the force-velocity graph, stiction force demon-
strates itself as an instability in the characteristic at the time when the valve is opening
(see figure 4.9a). When the stiction force is not taken into account the transition in the
damping force resulting from valve opening is always smooth (see figure 4.9b).

In terms of force-velocity graphs, contrary to the intake valve opening, neither exper-
imentally nor numerically obtained force signals do not show any significant instabilities
resulting from the shim stack valve opening. The main reason of this behavior is that the
stiction forces resulting from the shim stack valve opening are lower due to the much lower
velocity of the valve opening (see table 4.1). As a result, the stiction force is included in
the model only for the intake valves.

Table 4.1: Maximum opening velocity of the valves registered during damper level test
simulation

Valve name Velocity [mm/s]
Piston rebound 2.4
Base valve intake 192
Piston intake 154
Base valve compression 4.7

4.7.2 Impact of the valve level friction

One of the characteristic features of the semi-active shock absorbers (operating in the
triple tube layout with one, unidirectional active valve) are more restrictive passive valves.
The reason for this is that the electronically controlled valve only influences bypass flow
that is present on top of typical flow paths present in the passive damper. In order
for this bypass flow to take the desired effect, flows through the passive valves have
to be sufficiently low. A consequence of this higher restrictiveness of the valve is the
higher stiffness of the shim stack and together with that, the higher axial force exerted
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Figure 4.8: Location of the valve openings in relation to the force-displacement and force-
velocity graphs of the damper, where:

1. the start of piston rebound valve opening
2. the start of base valve intake valve opening
3. the start of piston intake valve opening
4. the start of base valve compression valve opening

between the shim stacks. This inevitably leads to higher frictional forces at the valve
level as described in 4.4. Increased friction introduces hysteresis to the flow-pressure
drop characteristic of the valve and at the damper level can demonstrate itself as a
crossing of the curve in the force-velocity graph. This characteristic is also present in
some passive dampers (e.g it is observed and described in [47]), but due to the relatively
low impact of friction in passive dampers, this phenomenon has not been reproduced in
high-frequency models of shock absorbers so far.

Using model calibrated, on the force-velocity graphs, effect of the valve friction can
be clearly observed in figure 4.10 at the rebound stroke of the damper (focus at the right
column) as a crossing between damper acceleration and deceleration curves. Due to the
relatively low valve opening of the compression valve, at this direction of the damper
stroke, friction effects are not observed. On the other hand intake valves of the damper
don’t produce frictional forces due to the lack of relative motion of the valve during the
opening.

4.8 Conclusion

Based on the survey of the current state of knowledge in terms of numerical modeling of
the shock absorbers (performed in chapter 3) general guidelines for the developed model
have been established and subsequently specific modeling approach was proposed. An
important goal was to assemble and develop a model that on one hand can reproduce
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(a) Simulation performed without the
valve stiction force

(b) Simulation performed with the
valve stiction force

Figure 4.9: Impact of stiction force on the force-displacement and force-velocity curves
from damper level testing

the dynamic behavior of the shock absorber that is relevant to the vehicle dynamics
performance as well as to the noise-related issues (methodology of measuring and assessing
these aspects was discussed in paragraph 2.7) and on the other hand, the complexity of
the model cannot constrain its practical application in the realities of the automotive
industry.

A model presented in this chapter allows calculating forces exerted on the shock
absorber’s rod that results from the relative movement of the tube. From the damper
displacement signal, volumetric changes are related to the pressure differential according
to the equation in 4.2, taking into consideration compliance, as in section 4.3. The relation
between flow and pressure differential is calculated based on the mechanical valve model
described in 4.4. From the calculated pressure differentials, the force present at the rod
is obtained with eq. 4.1. The set of equations resulting from the described approach is
solved using Simcenter Amesim variable step integrator. Apart from the forces resulting
from the pressures in the compression and rebound chambers, rod forces are affected also
by friction, induced at damper sliding bearing and sealing surfaces which is reproduced
with equations 4.38-4.41. At the mounting point, the damper dynamics are impacted
by top mount force which is captured by the submodel described in section 4.5. When
combined, the above subsystems constitute a model with 105 input parameters.
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(a) A simulation performed without the valve friction

(b) A simulation performed with the valve friction

Figure 4.10: Impact of friction on the force-displacement and force-velocity curves from
damper level testing
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Parameters estimation methodology

The value and knowledge gained from the simulation depend not only on the quality of the
model but also on the ability to provide realistic values of its parameters. As described
in the chapter 4, the proposed model requires 105, distinct input parameters. Since
the parameter identification may be required to be performed each time a new design of
subsystem is analyzed, in the realities of the automotive industry, this part often becomes
a limiting factor when it comes to the practical application of simulation tools. Therefore,
(in accordance with the formulated goals of the project) a clear parameters calibration
procedure has to be proposed.

Each new considered design will first have to be characterized with the values taken
from the documentation. These parameters do not require any additional character-
ization procedure, therefore the only challenge is related to managing the engineering
documentation. Most of the parameters related to the geometrical description of the
model fall into this category. The second group includes parameters that cannot be eas-
ily derived from documentation but since their value remains approximately the same
regardless of the considered design, they should be characterized only once for the scope
of the applicable designs. Good examples of this type of parameter are discharge coef-
ficients for different restrictions as well as shim valve friction parameters. The fact that
these parameters are considered to be design invariant is a simplification, however, in the
course of the model preparation, it has been established that the cost of characterization
of their values (which would have to be performed specifically for each design) is not jus-
tified by the added value brought by their accurate representation for given design. The
last group includes parameters that for a given design of shock absorber are not easily
estimated based on the design documentation and heavily impact the dynamic behavior
of the damper therefore they require a separate calibration procedure since it has to be
performed for each specific design. There are three main groups of such parameters,
which are related to valve stiffness, damper compliance, and top mount dynamic char-
acteristics. All parameters of the model have been listed in table 5.1. The last column
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of this table provides a code indicating which method of defining the parameter value
should be used. The methods are defined as follows:

• D - Design-based parameters - the values of parameters in this group can be estab-
lished entirely based on technical documentation without any complex measurement
or simulation procedure.

• F - Fixed valued parameters - the values of parameters in this group, based on
the literature study or experimental measurement have been established. For the
purpose of the practical application of the developed simulation methods, these
parameters should be adjusted only in the case of significant design changes.

• C - Calibrated parameters - the values of parameters in this group have to be estab-
lished based on one of the proposed calibration procedures (described in subsequent
sections).

• T - Test parameters - the values of these parameters solely depend on the test
conditions.

5.1 Theoretical introduction

5.1.1 Parameter estimation

The goal of the model calibration procedure for the deterministic models can be defined as
an attempt to improve the characterization of the input parameter values, by maximizing
agreement between simulation output and experiment target [36]. It is often referred to
as parameter estimation, identification or tuning. This procedure of adjusting the input
parameter values can be performed to achieve two types of goals [51]:

• estimate and therefore learn the real values of the physical parameter used in the
model (usually referred to as calibration),

• improve the model response without physical meaning so that is a better surrogate
for the physical process.

Despite this classification, in many cases, both goals are being pursued at the same time.
An important challenge for the model calibration methods regardless of its objective is
the fact that the computer model always contains a certain level of imperfection with
regard to the physical phenomena it is designed to reproduce. If the level of model im-
perfection (discrepancy) is high enough it can compromise the calibration process and
lead to biased parameters and simulation results. To address this challenge, multiple
approaches have been proposed that aim to capture the hidden error of the model as well
as the experimental data [46, 98, 45, 86]. One of the most commonly used approaches
is the Bayesian calibration framework proposed in [76] by Kennedy and O’Hagan which
demonstrated that the wrong estimation of input parameters can be mitigated by applic-
ation of discrepancy function that represents the inherent error of the model and provided
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data. Another challenge that model calibration procedures face is related to the prob-
lem of establishing the identifiability of the parameters, since if the noise present in the
experimental data is higher than the impact of the parameter value over the simulation
results, the calibration cannot be performed [65].

5.1.2 Optimization

Regardless of the specific method chosen to address the problems of model discrepancy
and parameter identifiability, in the majority of model calibration cases, the procedure in-
volves an optimization problem. In the case of simple problems, the least-square method
is often adopted. More advanced methods involve Kriging, particle swarm [51], genetic
algorithms [75] or other optimization methods. For model calibration procedures used
in this dissertation, the genetic algorithm was selected as a primary optimization tool.
This computational technique is inspired by the process of natural selection. It utilizes
principles of mutation, inheritance, crossover, and selection to influence the search for
the optimal solution. Thanks to those intuitive concepts it is relatively easy to adjust
how exploratory the algorithm will be. This allows genetic algorithms to be effective at
exploring even large and complex optimization spaces [75, 56]. Since genetic algorithms
usually do not make use of any problem-specific knowledge, with simple encoding they
can be versatile and easy to apply for a wide range of problems, particularly given the rich
library of ready-to-use applications in various programming languages. Unfortunately,
high versatility and reliability at complex problems come at the cost of low performance
due to being relatively, computationally expensive. This is however mitigated to a certain
degree by the fact that due to the iterative (population-based) character of the optimiz-
ation processes, genetic algorithms are easy to parallelize. Due to the popularity of this
optimization technique, there are many variants of genetic algorithms. Regardless of the
considered parameter estimation method, for the optimization procedures used in this
dissertation, steady-state parents selection, single-point crossover and random mutation
together with elitism were used as applied on the Python Scripting Language Library
"PyGAD" [60].

5.2 Parameter estimation methods used in this disser-
tation

Due to the complexity of the considered system of the semi-active damper, the numerical
model involves a relatively large number of input parameters. Some of them are easy to
be determined based on the engineering documentation while others can only be obtained
by means of measurements or advanced numerical simulations. The complete list of the
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parameters used in the model has been provided in table 5.1. Based on the measurement
capabilities, each parameter in that list has been classified as such that can be accurately
defined based on design documentation or as such that has to be determined in another
way. The most challenging parameters are related to the mechanical system of the valving,
overall damper compliance as well as dynamic properties of the top-mount.

As described in the introduction, the problem of parameter estimation can be ap-
proached in two different ways. The first method (studied in chapter 6) aims at defining
parameters based on the measurements or simulations of the isolated subsystems. This
approach is the most common since it allows for the simulation of the system that doesn’t
exists prior to the simulation, only separate subsystems have to be characterized. How-
ever, since the parameterization is performed in an isolated environment for each part of
the model, the influence of the measurement method inaccuracies can distort the results.

Apart from the regular parameter estimation procedure used at the level of isol-
ated subsystems in calibration approach 1 (see chapter 6), the second proposed method
described in chapter 7, utilized results of the variance-based (Sobol) model sensitivity
analysis [113, 26, 103]. The goal of the sensitivity analysis is to quantify the influence
of the input parameter over the selected results of the simulation. By incorporating this
information into the parameter calibration procedure, the risk of calibrating parameters
with low identifiability is reduced. Additionally, the optimization algorithm can use a
better quality of the feedback information regarding the response for a given parameter
change [95]. Direct usage of the Sobol indices within the parameter estimation procedure
is not straightforward and creates challenges related to computational cost. A detailed
description of the sensitivity-based parameter estimation procedure can be found in sec-
tion 7.1.
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Table 5.1: Summary of all the input parameters used in the model

no.: Symbol Description Type

G
eo

m
et

ri
ca

ld
at

a 1 Mrod Mass of the rod assembly (including all the components ri-
gidly attached)

D

2 DPT Inner diameter of the pressure tube D
3 DR Outer diameter of the piston rod D
4 Vb Volume of the third tube chamber D
5 lc0 Length of the compression chamber at damper initial posi-

tion
D

6 lr0 Length of the rebound chamber at damper initial position D

O
il

pr
op

er
ti

es

7 Koil Bulk modulus of the oil F
8 ρoil Density of the oil F
9 ν Kinematic viscosity F
10 Psat Oil saturation pressure F
11 Pvap Oil vaporisation pressure F
12 χ volumetric gas content of the emulsion D
13 Γ Polytropic index F
14 aa Initial pressure D
15 aa Temperature T

T
hi

rd
tu

be 16 E Young modulus F
17 ν Poisson’s ratio F
18 ro Outer radius of the third tube D
19 ri Inner radius of the third tube D

T
op

m
ou

nt

20 R The cutoff frequency related to a first order filter that acts
on the input X

C

21 P0 Scale factor for stiffness C
22 P1 Scale factor for stiffness C
23 P3 Scale factor for stiffness C
24 Q0 Scale factor for damping C
25 Q1 Scale factor for damping C
26 Q3 Scale factor for damping C
27 K0 Represents the bushing rubber stiffness C
28 K1 Represents the bushing rubber stiffness C
29 K3 Rubber stiffness at high velocities C
30 C0 Produces the roll-off observed in the experimental data at

low velocities
C

31 C1 Accounts for the relaxation of the bushing impact force C
32 C3 Represents the viscous damping observed at large velocities C
33 XStatic The static force response of the bushing C
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no.: Symbol Description Type
P

is
to

n
sh

im
st

ac
k

va
lv

e
34 Dd Outer dimeter of the valve disc D
35 Di Outer diameter of the valve slot D
36 Cq,max Discharge coefficient at turbulent flow regime F
37 λcrit Critical flow number F
38 Ableed Flow area of the valve bleed D
39 Cqb Discharge coefficient of the bleed flow F
40 Aslot Flow area of the valve slot D
41 Cqs Discharge coefficient of the slot flow F
42 mv Mass of the valve moving part D
43 cv Valve damping F
44 σ0 Dahl’s friction stiffness coefficient F
45 Fc Coulomb (dynamic) friction coefficient F
46 α Dahl cofficient controlling shape of the stress-strain curve F
47 Fpreload Valve stiffness preload F
48 a First stiffness approximation coefficient C
49 b Second stiffness approximation coefficient C
50 c Third stiffness approximation coefficient C
51 d Fourth stiffness approximation coefficient C

P
is

to
n

in
ta

ke
va

lv
e

53 Dd Outer dimeter of the valve disc D
54 Di Outer diameter of the valve slot D
55 Dc Inner diameter of the valve slot D
56 Dh Inner diameter of the intake valve disc D
57 Cq,max Discharge coefficient at turbulent flow regime F
58 λcrit Critical flow number F
59 Aslot Flow area of the valve slot D
60 Cqs Discharge coefficient of the slot flow F
61 mv Mass of the valve moving part D
62 cv Valve damping F
63 Fpreload Valve stiffness preload D
64 a First stiffness approximation coefficient C
65 b Second stiffness approximation coefficient C
66 c Third stiffness approximation coefficient C
67 d Fourth stiffness approximation coefficient C
68 xv0 Initial valve separation distance for the stiction force calcu-

lation
F
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no.: Symbol Description Type
B

as
e

va
lv

e
sh

im
st

ac
k

va
lv

e
69 Dd Outer dimeter of the valve disc D
70 Di Outer diameter of the valve slot D
71 Cq,max Discharge coefficient at turbulent flow regime F
72 λcrit Critical flow number F
73 Ableed Flow area of the valve bleed D
74 Cqb Discharge coefficient of the bleed flow F
75 Aslot Flow area of the valve slot D
76 Cqs Discharge coefficient of the slot flow F
77 mv Mass of the valve moving part D
78 cv Valve damping F
79 σ0 Dahl’s friction stiffness coefficient F
80 Fc Coulomb (dynamic) friction coefficient F
81 α Dahl cofficient controlling shape of the stress-strain curve F
82 Fpreload Valve stiffness preload F
83 a First stiffness approximation coefficient C
84 b Second stiffness approximation coefficient C
85 c Third stiffness approximation coefficient C
86 d Fourth stiffness approximation coefficient C

B
as

e
va

lv
e

in
ta

ke
va

lv
e

87 Dd Outer dimeter of the valve disc D
88 Di Outer diameter of the valve slot D
89 Dc Inner diameter of the valve slot D
90 Dh Inner diameter of the intake valve disc D
91 Cq,max Discharge coefficient at turbulent flow regime F
92 λcrit Critical flow number F
93 Aslot Flow area of the valve slot D
94 Cqs Discharge coefficient of the slot flow F
95 mv Mass of the valve moving part D
96 cv Valve damping F
97 Fpreload Valve stiffness preload D
98 a First stiffness approximation coefficient C
99 b Second stiffness approximation coefficient C
100 c Third stiffness approximation coefficient C
101 d Fourth stiffness approximation coefficient C
102 xv0 Initial valve separation distance for the stiction force calcu-

lation
F

Fr
ic

ti
on

103 Fc Coulomb friction force C
104 Fs Static friction C
105 kb LuGre bristles stiffness F
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Chapter 6

Parameters calibration study –
approach 1

The goal of this chapter is to establish the level of accuracy of the results obtained with
the proposed model when the values of parameters are calibrated based on the measure-
ments performed on isolated test benches. For this purpose, experimental measurement
and model calibration analysis were performed separately for each of the considered
subsystems: valves (section 6.2), damper structure (section 6.3, for compliance-related
parameters) and top-mount (section 6.4).

After parameters identification for isolated subsystems was done, the quality of the
assembled model of the complete system of the modular assembly was assessed (in section
6.5) based on the comparison of the results obtained from simulation and measurements of
the damper performance (force-velocity and force-displacement curves) as well as damper
dynamical tests (mono-sine and noise excitation tests).

6.1 Description of the design used for the calibration
exercise

In order to assess the quality of the proposed model and calibration procedure, the design
of the semi-active shock absorber that is featured for the rear suspension of the SUV class
of a passenger car model was used (an overview of the design can be seen in figure 6.1)
However, in order to estimate the quality of the model and parameterization process under
various design cases, the comparison is performed using one-factor-at-a-time experiment
for the design features that might influence its dynamic behavior. As a result, each design
feature is considered at two levels. The following design cases were considered:

• piston intake valve stiffness
• piston rebound shim valve stiffness
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• base-valve intake valve stiffness
• base-valve compression shim valve stiffness
• active valve P/Q characteristic
• active valve current (see figure 6.2, considered at 3 levels)
• top mount stiffness
• precharge pressure level

Figure 6.1: Overview of the sample of the semi-active shock absorber used for the model
calibration studies

In order to facilitate an easy adjustment of the damper settings, a "take-apart" sample
was used (which can be seen in fig. 6.15b at the test set-up). This design of the damper
is facilitated with the threaded closing of the reserve tube which allows easy disassembly
of the shock absorber. Regular production units are assembled by plastically deforming
the reserve tube around the rod-guide (known as the roll-closing process).

6.2 Calibration of valves related parameters

The primary difficulty with the determination of the input parameters of the valve comes
from having multiple valves active at any given point in time during shock absorber
operation. For this reason, it is necessary to either measure directly the pressure in all the
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Figure 6.2: P/Q characteristic of the active valve used in the sample during model
calibration studies (in relation to increasing current for the CES valve)

chambers of the damper or use external equipment (e.g. flowbench machine) which allows
for the parameters identification of the individual valve (see section 2.7). The first method
demonstrated in [109, 19] requires a specially designed shock absorber that is featured
with internal pressure sensors. This approach is also difficult to apply with the semi-acitve
dampers since the flow rate cannot be directly derived from the damper displacement.
The second approach is limited to relatively low flow accelerations but allows for the
complete isolation of the valve from the influences of other parts of the damper. The
design of the test machine facilitates easy and quick measurement of the valve which
makes it a practical tool in the process of the valve parameters characterization. Since
the second approach is easier to apply within standard design development procedures,
it was selected for the current comparison.

6.2.1 Experimental set-up and results

Due to the fact that the relationship between flow rate and the pressure drop at the
valve is the primary characteristic used to establish parameters of the valve subsystem,
a flow bench machine (described in 2.7) is used as an experimental test system. It allows
for an accurate representation of the P-Q characteristic of the valve. The measurement
procedure consists of mounting the sample in the test setup and inducing flow through the
sample. The maximum flow rate which is achieved during the test was estimated based on
the expected velocities of the damper. It is important not to induce an excessive flow rate
(corresponding to damper velocity higher than 2 m/s) as such even could easily damage
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(a) Piston rebound (b) Base valve compression

(c) Piston intake (d) Base valve intake

Figure 6.3: Relationship between flow-rate and the pressure drop for all the design cases
considered in the model quality assessment, measured on the flowbench test set-up

the valve and corrupt the results. Shim stack at the rebound and compression direction
have been tested up to the flow of 80 l/min whereas the intake side of the valve was tested
only up to 30 l/min. This range covers the maximum flow rates during the expected
conditions of the damper. For each of the considered valve settings, the measurement is
performed after several initial flow cycles since the first few opening cycles of the valve
may produce significantly different characteristics. Each valve is measured at least three
times to ensure consistency of the valve behavior.

Results of the P-Q relationships measured for the considered cases can be observed
in figure 6.3. In the case of the shim stacks, the influence of friction can be easily
distinguished by the presence of hysteresis after the blow-off point (flow rate acceleration
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and deceleration follow different paths, e.g. fig. 6.3a and 6.3b). In the case of piston
intake measurements, local instabilities have been observed on the PQ graph. The exact
source of those instabilities is not clear however it might be related to the stick-slip
behavior at the interface of the disk and the guiding core. Those instabilities can have an
influence on the dynamic characteristic at the damper level, however, since their origin
is not fully understood, most likely the numerical model will not be able to capture that
influence.

6.2.2 Estimation of the parameters of the valve model

Since the selected model includes a mechanical system of the valve, measured P-Q char-
acteristics cannot be used directly in the model, instead, the parameters of the valve
have to be established so that the model can recreate the measured relationship between
flow rate and pressure drop. Most of the geometrical features of the valve model can be
determined from the engineering documentation. Since the discharge coefficient can be
estimated and fixed based on the existing knowledge in [83, 121, 18] , the only remaining
unknown parameters are the non-linear stiffnesses of the valves as well as parameters of
the frictional effects at the interface of the shim stacks and stiction force initial gap. In
order to calibrate the parameters of the model according to the measured relationship, a
genetic algorithm has been employed. For each member of the algorithm, the flow test is
simulated and the difference between measured and simulated pressure drop is calculated.
The goal function is to minimize this difference as expressed by equation 6.1

J =

∫ T

0

|∆ptest(t)−∆psimulation(t)| dt (6.1)

A summary of the parameters being identified can be found in table 6.1 and the
settings of the genetic algorithm can be found in table 6.2. Usually, a sufficient match
can be obtained within the first 30-40 generations, although the width of the boundaries
for each parameter greatly influences the rate of optimization.

Table 6.1: Parameters identified with the genetic algorithm at valve level

Parameter name Lower
limit

Upper
limit

First stiffness approximation coefficient [-] 0 10 000
Second stiffness approximation coefficient [-] 0 100
Third stiffness approximation coefficient [-] -10 000 0
Fourth stiffness approximation coefficient [-] -100 0
Coulomb friction coefficient [-] 0.001 100
Contact stiffness [N/mm] 1 1e9
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(a) Piston rebound

(b) Base valve compression

(c) Piston intake

(d) Base valve intake

Figure 6.4: Result of the baseline design valves parameters estimation: Left column - P-
Q characteristic, Middle column - comparison of the pressure, Right column - identified
valve stiffness
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(a) Piston rebound modification - lower stack stiffness

(b) Base valve compression modification - lower stack stiffness

(c) Piston intake modification - lower intake stiffness

(d) Base valve intake modification - lower intake stiffness

Figure 6.5: Result of the alternative design valves parameters estimation: Left column -
P-Q characteristic, Middle column - comparison of the pressure, Right column - identified
valve stiffness
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Table 6.2: Parameters of the genetic algorithm used for valves parameters identification

Parameter name Value
Population size 50
Reproduction ratio 80
Number of genrations 40
Mutation probability 10%

6.2.3 Results of the calibration process

The result of the measurement together with the pressure drop characteristics obtained
from calibrated simulation are shown in figures 6.4 - 6.5. As can be observed in these
figures, the relationship between flow rate and pressure drop for each valve has been
accurately recreated by the model. The frictional effect at the valve level has also been
recreated, however, due to the low flow acceleration of the test set-up attempt to calibrate
the stiction force parameters was not successful.

As can be observed, in the figures showing the results of the parameter estimation,
valve stiffness characteristic varies significantly between intake valves and shim valves.
This often necessitates different approximation curves for valve stiffness. The frictional
effect can be clearly observed in the shim valve designs while the intake valves (which
in most cases, comprise of only a singular disk and a spring) show almost no hysteresis
related to the friction.

6.3 Calibration of compliance related parameters

As mentioned in section 4.3, the amount of undissolved gas that made its way from
the reserve chamber to other chambers of the damper, strongly influences the overall
compliance of the emulsion and is difficult to estimate using an analytical approach. The
bulk modulus of the pure oil (without the gas) can be obtained from the oil supplier’s
datasheet, however, due to environmental conditions (temperature, oxidation), it might
vary from the specified values. Due to the above reasons, in order to use the model
in practice, a model calibration procedure has to include a step for the estimation of
parameters related to compliance. This can be performed on the fully isolated test set-
up which is dedicated to the oil bulk modulus measurements or as described in [111] based
on the measurements of the speed of sound in the oil, but in such cases, undissolved gas
content might be not correctly represented in the sample. Due to this reason, it was
proposed to perform the compliance-related parameter estimation based on the damper
level measurement but in such conditions that expose the influence of the bulk modulus
as much as possible, so that it is possible to use damper level results for the purpose
parameters estimation. The overall damper compliance influences primarily the hysteresis
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in the force-velocity graph (see fig. 2.12). Therefore the conditions of the damper level
that allow for the best focus on the influence of compliance are when the damper is excited
with high accelerations and low strokes because, in such circumstances, the hysteresis is
particularly pronounced. Additionally, to further isolate the response that is sensitive to
the damper compliance, the top mount is removed and the damper is rigidly mounted in
the testing machine. It is also important that the valve’s parameters which have to be
present during this test, are accurately characterized. For that reason, the compliance
parameter estimation has to be performed after the valves parameters calibration.

6.3.1 Description of the compliance estimation procedure

This subsection presents the procedure for the identification of gas content as well as oil
bulk modulus parameters based on the damper-level experimental data with the use of the
genetic algorithm. The damper level test set-up shown in figure 6.6 consisted of the shock
absorber which was rigidly mounted at the rod whereas the entire lower assembly was
attached to the electromagnetic servo-actuator. The displacement signal of the actuator
together with the lower assembly of the damper was registered with the LVDT sensor
whereas forces generated at the damper were measured using a strain-gauge-based force
transducer. During the test, the sample was excited with the sinusoidal displacement
signal with the constant stroke of 10mm (typically, for the performance characteristics
measurements stroke of at least 70mm is used) and varying velocity from 0.4 to 2m/s.
For each velocity, the damper was cycled multiple times. The results of the cycling
were not averaged, but the complete signal was simulated during the calibration process.
Compliance-related parameter estimation was performed using a genetic algorithm with
optimization algorithm parameters as in table 6.3. The goal function for the genetic
algorithm has been formulated according to the equation 6.2. The influence of the gas
content over the force generated by the shock absorber in relation to the damper velocity
can be observed in figure 6.7.

J =

∫ T

0

|Ftest(t)− Fsimulation(t)| dt (6.2)

Table 6.3: Parameters of the genetic algorithm used for valves parameters identification

Parameter name Value
Population size 40
Reproduction ratio 70
Number of genrations 20
Mutation probability 8%
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Figure 6.6: Experimental test set-up used for damper level tests

6.3.2 Results of the compliance estimation

Based on the performed parameter estimation process, it was established that the amount
of the undissolved gas in the oil equals approximately 0.35% whereas the bulk modulus
of the oil should equal 7.7kbar. Using those estimates as values of the model parameter,
simulation results are compared with the measured force signals in figure 6.8 and for
clearer comparison in figure 6.9 where only one cycle can be seen. As it can be observed in
figures 6.7b, 6.8 and 6.9, the bulk modulus and gas content mainly influence the hysteresis
in the force-velocity curve but the slope of the force-displacement graph during rebound
stroke is also heavily affected.

6.4 Calibration of top mount related parameters

6.4.1 Description of the methodology

As indicated in section 4.5, the top mount dynamic behavior is represented with the
AutoBushFD model available in Altair MotionView MBS package. Although this soft-
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(a) Sensitivity to the gas content parameter (b) Result of the estimation of the parameters

Figure 6.7: Impact of gas content over the shock absorber force-velocity characteristic2

Figure 6.8: Results of the compliance-related parameter estimation process - all acquired
cycles

Figure 6.9: Results of the compliance-related parameter estimation process - one cycle

ware provides a ready-to-use environment for parameter identification, for practical reas-
ons, it has been chosen to calibrate the parameters using a genetic algorithm. Such an
approach might require more iterations but due to the highly exploratory character of
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Table 6.4: Summary of the top mount model parameters and the limits used for the
calibration process

Parameter name Lower limi Upper limit
R 1.0E-06 1000
P0 0.5 10
K1 0.1 20000
C2 0 10
C0 0 700
P1 -10 10
P2 0.01 2
Q1 -10 10
Q2 0.01 2
K0 0 10000
Q0 0.5 10
K2 0.1 100
C1 0 1000

the optimization algorithm, it is more reliable in providing a satisfactory level of model
calibration. Additionally, this approach offers higher flexibility in the form of the data
that can be used for the calibration, for instance, the training data can be supplied in
the form of real measured time domain signals (this is the method used for this applic-
ation) or synthesized based on the provided dynamic properties characteristics. Similar
to previous subsystems, the calibration procedure was performed by comparing the time
domain results of the simulation and test results. Minimization of a residual between
these values constituted an objective function (see eq. 6.3). Parameters subject to the
calibration procedure together with the bounding limits have been summarized in the
table 6.4.

J =

∫ T

0

|Ftest(t)− Fsimulation(t)| dt (6.3)

In terms of experimental data, for the considered top mount bushing designs the
dynamic properties (dynamic stiffness and loss angle) in the function of frequency and
amplitude were available from the external laboratory measurements. Additionally, time-
domain random excitation data were also available. Experimental measurements of the
dynamic properties of the bushing in the function of frequency usually require special-
ized testing machines and equipment which typically are not part of the shock absorber
suppliers laboratory. Therefore, from the perspective of the future practical application
of the developed simulation method, the necessity of obtaining such measurement results
might be an important limiting factor.
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6.4.2 Results of the calibration process

Results of the simulation performed with calibrated models of the top mount together
with the experimental measurements results that have been used for this calibration
procedure have been shown in figures 6.10a and 6.10b for the baseline design and in
figures 6.11a and 6.11b for the alternative top mount design (higher stiffness design).

Dynamic properties have been measured at three amplitudes: 0.02 mm, 0.1 mm and
1 mm. Due to the limit of the excitation energy on the test machine, at higher amplitudes
(1 mm) the dynamic properties were only measured up to ∼20 Hz. This is acceptable
since under realistic loading conditions originating from the shock absorber operation it
is unlikely that excitation would excide this level of signal power.

For both top mount design cases (that were part of the considered one-factor-at-a-
time experiment), at lower amplitudes of excitation (0.02 mm), the dynamic stiffness
is underestimated, while higher amplitudes (1 mm) are overestimated. In terms of the
loss angle, although the simulated frequency dependency differs from the experimental
measurements the nominal values remain close to the measured ones. The correct trend
of the loss angle dependency on the amplitude is reproduced only at lower amplitudes.

Nonlinear, static load deflection curves (compared in figure 6.14) were not subject to
the parameter calibration procedure but instead were directly derived from the experi-
mental measurements. This simplifies the calibration procedure however any discrepan-
cies in the obtained static characteristic might impact the quality of the calibration of
the dynamic properties.

In order to confirm that the models have not been overfitted to the provided training
data, verification tests and simulations have been also performed. Results of the compar-
ison between test and simulation in both time domain and frequency domain have been
shown in figures 6.12a and 6.12b for the baseline design and in figures 6.13a and 6.13b
for the alternative design.
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(a) Dynamic stiffness (b) Loss angle

Figure 6.10: Dynamic properties in function of the frequency of the baseline top mount,
obtained from the calibrated simulation and test results at different excitation amplitudes

(a) Dynamic stiffness (b) Loss angle

Figure 6.11: Dynamic properties in function of the frequency of the alternative design
(high stiffness) top mount, obtained from the calibrated simulation and test results at
different excitation amplitudes
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(a) Time domain force comparison (b) Frequency domain comparison

Figure 6.12: Comparison of the baseline top mount force obtained from simulation and
test under random verification excitation

(a) Time domain force comparison (b) Frequency domain comparison

Figure 6.13: Comparison of the alternative design top mount force obtained from simu-
lation and test under random verification excitation
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Figure 6.14: Comparison of static load-deflection characteristics (FLD(X) in equation
4.37) for the baseline and alternative top mount deisigns
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6.5 Assesment of the model quality based on experi-
mental measurements

The main goal of the comparison described in this section is to establish the level of
agreement between damper and module (shock absorber + top mount) level simulation
and test results when the parameters of the model are characterized in an isolated manner
(each subsystem separately).

For this purpose series of shock absorber and modular assembly tests were performed
according to the standard procedure described in detail in section 2.7. These standard
test procedures were performed on take-apart (disassemblable) samples of the design
described in section 6.1, at the internal laboratory of the industrial partner company and
included the following test:

• low-frequency shock absorber performance (curving tests) carried out using test
set-up in figure 6.15a, according to the procedure described in section 2.7.1

• high-frequency time domain test using sine excitation (13Hz at 5mm amplitude)
carried out using test set-up in figure 6.15b, according to the procedure described
in section 2.7.3

• high-frequency, frequency domain using typical road excitation (see figure 2.15)
carried out using test set-up in figure 6.15b, according to the procedure described
in section 2.7.3

After the experimental measurements, each test has been recreated using the numer-
ical model described in section 4 and parameters that were obtained from calibrations
described in sections: 6.2, 6.3 and 6.4.

Due to the fact that during the physical experiment, the prescribed target excitation
signal is always deformed to a certain degree by the dynamics of the test machine and
control algorithm, for each test case, the true displacement signal has been measured.
This registered displacement of the shock absorber tube was used as an input to the sim-
ulation. After the numerical analysis, the results are compared in subsequent paragraphs
of this section.

Since a semi-active shock absorber is considered in this work, the results are presented
including variation in the active valve current. As described in the section 2.4.3, the higher
the electrical current supplied to the active valve, the higher the restriction to the flow
created by that valve. This means that for given shock absorber excitation conditions
(most importantly velocity), the flow through the passive shim valves is proportional
(non-linearly) to the supplied current. As it can be observed in figures 6.17 - 6.19, this
causes the high-frequency rod accelerations to be most pronounced at the high current
signal. Due to a large number of the results combinations, the impact of the specific
design changes is analyzed only at high current excitation.
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(a) Characterizing the damping force in low-
frequency range

(b) Characterizing the damping force in high-
frequency range

Figure 6.15: Test bench used for the experimental measurements

6.5.1 Results of the comparison

The first set of results allows for establishing how well, the numerical model is capable of
reproducing the low-frequency behavior at large strokes of the damper (usually >50mm).
These are important characteristics since they impact directly the dynamic properties of
the vehicle.

As demonstrated in figures 6.17, 6.18, 6.19, the model can accurately reproduce this
part of the damper behavior. However, in the considered example, at higher excitation
velocities (>1m/s) and low flow through the passive shim valves, significant discrepancies
can be observed (figures 6.17 and 6.18) in forces coming from the simulation and test.
This can originate either from inaccurate active valve restriction or due to the base valve
intake characteristics that are not measured correctly at large valve openings. Given that
for the high current excitation, the mid-range velocities (0.5m/s) are overestimated by
the model, this discrepancy most likely originates from the active valve characteristics
being distorted. However, due to good agreement between the test and simulation at high
velocities and high current, it might be concluded that the discrepancy is not caused by
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(a) Time serie (b) Power spectrum density

Figure 6.16: Random noise signal used as an excitation reproducing vibration of the
wheel knuckle

the unaccounted-for leakage at the active valve.

Figure 6.17: Curving test results at low active valve coil current (0.32A)
Solid line: test results, dotted line: simulation results

The second type of experimental verification is oriented on measuring the shock ab-
sorber’s rod acceleration during low-frequency excitation at a relatively low stroke (13Hz
at 5mm amplitude) which typically corresponds to the unsprung mass natural frequency
of the wheel (secondary ride mode). By analyzing the results in the time domain it is
possible to observe rod vibrations caused by specific stages of the damper operation.
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Figure 6.18: Curving test results at medium active valve coil current (0.9A)
Solid line: test results, dotted line: simulation results

Figure 6.19: Curving test results at high active valve coil current (1.6A)
Solid line: test results, dotted line: simulation results

At low active valve current, due to low flow through the active valves as well as the
low influence of the compliance, all valves opening and closing happen at similar stages
of the damper operation. For that reason, it is easier to observe the impact of the valves
over the rod acceleration of the damper under a high active valve current (see fig. 6.20).
In figure 6.20 rod acceleration together with passive valve openings can be visible. The
first distinguishable disturbance in the rod acceleration (right before 1.06 s in fig. 6.20)
originates from the closing of the piston intake valve. Later (at approximately 1.073 s), as
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the damper is in the rebound stroke, the base valve intake opens abruptly. This induces a
high level of vibration which attenuates up until the base valve intake closes. Right after
the damper transitions to the compression stroke, the next distinguishable disturbance
is caused by the piston rebound shim stack closing (1.100 s). Further at approximately
1.108 s during the compression stroke, the piston valve intake is opening. This causes
a sharp acceleration peak of the rod. As it can be concluded from the above study, the
main source of the high rod accelerations are openings of the intake valves. Due to the
fact that shim valves are opening slowly, dynamic effects related to them are much lower.

In terms of comparison of the simulation and test results, for each of the active valves’
current levels (see figures 6.20, 6.21 and 6.22 ) the effects of valves openings and closings
are reproduced by the model. However, the magnitude of the estimated rod acceleration
peaks noticeably differs from the measured values. The disturbance caused by the base
valve intake is slightly underestimated by the calibrated model whereas the piston intake
peak is substantially overestimated. This relation holds true for each of the active valve
currents cases.

The comparison with the alternative top mount design in figure 6.23 shows a similar
pattern when it comes to the rod acceleration between simulation and experiment. Since
the alternative top mount design decreases the magnitude of the rod acceleration, the
simulation results should also predict lower valves. That is, however only for the base
valve intake peak. The simulated piston peak opening, slightly increases which might
indicate wrong parameterization of the piston intake valve. By analyzing figures 6.24
and 6.25 it can be concluded that increased pressure as well as changes to the active
valve are not causing significant changes to the rod acceleration signal. This is also
confirmed by the frequency domain signals in figures 6.32 and 6.33. On the other hand,
both measurements, as well as simulation, show a high sensitivity of the piston intake
peak to the intake valve stiffness (fig. 6.26). Most importantly, correct relations can be
observed for both of these cases. For the piston rebound shim valve, the model is too
sensitive to the change when compared with test results (figure 6.27). A highly consistent
response of the simulation can also be observed in figures 6.28 and 6.29 where base valve
intake and base valve shim stiffness changes were considered.

In terms of the high-frequency test of random noise excitation, the influence of the
different active valve currents is captured by the simulation (see figure 6.30), however,
the medium current (0.9A) is substantially overestimated by the model. For all the con-
sidered cases, the frequency range 100-300Hz which is important for the structure-borne
noise is overestimated by the model. This issue can be clearly observed in figure 6.34
where simulation of piston intake with lower stiffness produces an artificial peak at ap-
proximately 200Hz, a similar effect but to a lower degree can be observed in figure 6.31
for alternative top mount design. Similarly, as in the time domain analysis, the impact of
passive valve stiffness changes is captured with the proper trend by the simulation per-
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Figure 6.20: Comparison of the test and simulation results of the mono-sine test (13Hz
excitation at 10mm of stroke) for high active valve current (1.6A)

formed under noise excitation but the magnitude of these changes is noticeably different
from the measurements.

6.6 Conclusions

The goal of the exercise was to investigate how accurately the model which was calibrated
using isolated test set-ups is capable of reproducing the results of standard experimental
procedures that are used in the industry to assess various dynamic aspects of the shock
absorber operation (as discussed in 2.7). In order to achieve that goal, as a first step,
parameter calibration was performed for the critical parameter groups and different design
configurations. The calibration process included:

• Experimental measurements of 8 different valve designs to derive their P/Q char-
acteristic which was later reproduced using the isolated model. For each valve
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Figure 6.21: Comparison of the test and simulation results of the mono-sine test (13Hz
excitation at 10mm of stroke) for medium active valve current (0.9A)

Table 6.5: Summary of the mono-sine test results comparison of the test and simulation

measurement, the calibration procedure was performed (see section 6.2)
• Experimental measurement of the shock absorber assembly for the compliance-

related parameter calibration (see section 6.3)
• Parameter calibration of two different designs of the top mount models (see section

6.4)
For the model quality assessment, 10 separate semi-active damper design configura-

tions were measured using a low-frequency oriented test (detailed in section 2.7.1) and a
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Figure 6.22: Comparison of the test and simulation results of the mono-sine test (13Hz
excitation at 10mm of stroke) for low active valve current (0.32A)

Table 6.6: Summary of the random test results comparison of the test and simulation

high-frequency test with two distinct excitation approaches (one for time domain analysis
and one for frequency domain analysis, section 2.7.3). Each test has been recreated using
the proposed model and parameters which were calibrated in this section.

Conclusions regarding model assessment From the perspective of assessing the
quality of the calibrated model, the most important comparison is done for the rod ac-
celeration since this is the quantity that is in most cases used for dynamic assessment
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Figure 6.23: Comparison of the test and simulation results of the mono-sine test (13Hz
excitation at 10mm of stroke) for baseline and alternative top-mount designs

purposes. Comparison of the experimental and simulation results of high-frequency tests
which were done based on figures 6.20 - 6.37 and summarized in tables 6.5 and 6.6,
indicates that the proposed model together with the calibration procedure is capable of
reproducing the dynamic behavior of the semi-active shock absorber but in terms of nom-
inal values of rod acceleration peaks, discrepancies are present. However, for nearly all
the considered design cases, the trends in the rod acceleration peaks are reliably repro-
duced by the model. Similarly, when the results are analyzed in the frequency domain, as
it can be observed based on the summary in table 6.6 in nominal terms, the model shows
noticeable discrepancies in the frequency range of interest (0-500Hz) but the response to
the design changes of the numerical model is correct. The most likely reason for these
discrepancies in the peak values of the rod acceleration signals comes from the fact that
the passive valves have been only calibrated at the static conditions. Additionally, inac-
curacies may arise when tests are performed in an isolated manner due to the artificial
conditions present in such circumstances. As an example, passive valves measured at
the flow-bench machine do not include the realistic amount of undissolved gas content.
This may negatively impact the quality of the calibration of the parameters. Given the
observed quality of the model calibration and the deficiencies in the nominal values, the
best application for the considered model and parameters estimation procedure is the
comparative analysis approach. In future cases, newly developed designs should be com-
pared with already tested and analyzed simulations to assess the risk of noise issues. In
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Figure 6.24: Comparison of the test and simulation results of the mono-sine test (13Hz
excitation at 10mm of stroke) for baseline and increased precharge pressure (5 bar)

scenario

terms of the low-frequency force comparison (performance test), despite the discrepancies
at the high velocities and low active valve currents, the model predictions show overall
good agreement with the experimental data.

Conclusions regarding calibration process Due to the detailed modeling tech-
niques adopted for the model of the semi-active damper and therefore a large number of
input parameters, the calibration process gains particular importance. As it can be ob-
served based on the described procedures in this section (subsection 6.2 - 6.4) it involved
multiple experimental measurements which have to be processed to be later used by the
optimization algorithm. The overall process comprises multiple steps each requiring a
different skill-set. From the perspective of practical application, such a chain of activities
is difficult to introduce as a widely used engineering procedure. Although the model can
be utilized using historical data or with theoretical values, a true assessment of the newly
developed designs of subsystems requires a realistic characterization of its constituent
parts. This can be achieved either by separate modeling tools or measurements and
parameter calibration processes. As demonstrated in this section, each of the subsystems
can be characterized using proposed methods but due to their complexity practical in-
dustrial implementation might pose organizational challenges. It is also emphasized that
more sophisticated and accurate measurement and simulation methods are available for
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Figure 6.25: Comparison of the test and simulation results of the mono-sine test (13Hz
excitation at 10mm of stroke) for baseline and different active valve designs

the parameter estimation process (e.g. pressure sensors placed in the damper chambers),
however, the goal of this section was to observe the quality of the simulation when the
proposed model is used with only the measurement methods that are currently available
within the industrial environment.
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Figure 6.26: Comparison of the test and simulation results of the mono-sine test (13Hz
excitation at 10mm of stroke) for baseline and lower piston intake stiffness (see fig. 6.3)

designs

Figure 6.27: Comparison of the test and simulation results of the mono-sine test (13Hz
excitation at 10mm of stroke) for baseline and lower piston rebound stack stiffness (see

fig. 6.3) designs
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Figure 6.28: Comparison of the test and simulation results of the mono-sine test (13Hz
excitation at 10mm of stroke) for baseline and lower base-valve intake stiffness (see fig.

6.3) designs

Figure 6.29: Comparison of the test and simulation results of the mono-sine test (13Hz
excitation at 10mm of stroke) for baseline and lower base-valve compression stack

stiffness (see fig. 6.3) designs
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Figure 6.30: Comparison of the test and simulation of the random excitation signal test
(see signal in fig. 6.16a and 6.16b) of different active valve currents

Figure 6.31: Comparison of the test and simulation of the random excitation signal test
(see signal in fig. 6.16a and 6.16b) for baseline and alternative top-mount designs
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Figure 6.32: Comparison of the test and simulation of the random excitation signal test
(see signal in fig. 6.16a and 6.16b) for baseline and increased precharge pressure (5 bar)

scenario

Figure 6.33: Comparison of the test and simulation of the random excitation signal test
(see signal in fig. 6.16a and 6.16b) for baseline and different active valve designs
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Figure 6.34: Comparison of the test and simulation of the random excitation signal test
(see signal in fig. 6.16a and 6.16b) for baseline and lower piston intake stiffness (see fig.

6.3) designs

Figure 6.35: Comparison of the test and simulation of the random excitation signal test
(see signal in fig. 6.16a and 6.16b) for baseline and lower piston rebound stack stiffness

(see fig. 6.3) designs
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Figure 6.36: Comparison of the test and simulation of the random excitation signal test
(see signal in fig. 6.16a and 6.16b) for baseline and lower base-valve intake stiffness

(see fig. 6.3) designs

Figure 6.37: Comparison of the test and simulation of the random excitation signal test
(see signal in fig. 6.16a and 6.16b) for baseline and lower base-valve compression stack

stiffness (see fig. 6.3) designs
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Chapter 7

Parameters calibration study –
approach 2

As demonstrated in the previous chapters, the proposed damper model together with
parameter calibration performed on isolated subsystems can be considered a useful tool
that allows to asses the dynamic behavior of the semi-active shock absorber. However,
due to the multiple measurements and separate parameter estimation algorithms, this
process of parameter calibration is relatively complex if considered a standard indus-
trial procedure. Additionally, due to the measurement inaccuracies at subsystem levels,
in absolute terms, simulated results often do not match the measured rod acceleration
values.

Therefore, in order to simplify the characterization process, an alternative approach
has been proposed and described in this chapter. The main idea behind it is that all the
unknown parameters are calibrated at the shock absorber level based on the damper level
test. This might seem like a not useful approach when compared to the previous method
since in order to use the model for a specific design, a physical sample has to be available
and a regular test has to be performed. This takes away the ability to model specific
designs that are not yet produced. However in practice, as a result of such a model
calibration approach, a digital twin (an idea introduced by the Industry 4.0 concept) of
the considered design is created.

For industrial applications, the digital twin approach can offer a wide range of prac-
tical advantages. The main benefit comes from the fact that one training signal test can
be used to calibrate the model which is later used to reproduce multiple test scenarios.
Secondly, given the large number of designs being developed, utilizing easy-to-use cal-
ibration procedures, a library of the subcomponents could be built over time and used
in the future to decrease the need for physical test-based calibration [57]. Moreover, by
using the digital twin concept, the model becomes the extension of the DAQ (data ac-
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quisition system) system since it allows in-depth analysis of the physical quantities that
influence the dynamic behavior (opening and closing of the valves, pressure distribution,
and inertia of different components).

Despite many advantages, the proposed method creates its own challenges. It at-
tempts to simplify the parameter calibration process in terms of experimental testing
however this is achieved at the cost of increased computational difficulty since all the
unknown parameters are calibrated at the same time. To address this challenge, mul-
tiple parameter estimation strategies that are designed for the identification of a large
number of parameters have been considered and compared. Significant improvement
has been observed using the sensitivity-based parameter estimation method (method has
been described in the section 7.1) [133].

In order to assess the accuracy and computational cost of this approach, an experiment
has been performed and based on the results, a sensitivity-based parameter estimation
study was performed. The same sets of parameters have been considered as in the
previous calibration approach: valve stiffnesses, oil compliance parameters (bulk modulus
and gas content), and dynamic parameters of the main vibroisolator (top mount). Due
to the fact that damper and module level tests closely share the test set-up and both
are very common and easy to perform the digital twin parameter estimation approach
has been split into both levels in such a way that the damper level test is used for the
sensitivity based calibration of the valves and compliance while the module level test is
used for the top mount calibration using regular genetic algorithm. In both cases, the
primary quantity that is used to construct the goal function is the damper force.

Validation of the obtained parameters is performed by using a pseudo-random excita-
tion test signal and analysis of the damper force. This comparison is done to confirm that
the model has not been overfitted. However, from the perspective of the practical applic-
ation of the digital twin concept the most interesting verification is done by comparison
of how well the model which was calibrated at the damper level using force measurements
is able to reproduce the rod acceleration measurements during standard high-frequency
tests of the shock absorber.

Sensitivity based parameters estimation procedure described in this section has been
performed using the same semi-active damper design as in chapter 6, however, samples
of the shock absorber were different (samples produced approximately 2 years after the
samples used in chapter 6) therefore some design features have changed and direct com-
parison between those result sets is not possible.
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7.1 Sensitivity-based parameters estimation procedure

A parameters estimation procedure performed on the complete assembly of the shock
absorber requires conducting a comparison of experimental measurements and numerical
simulation of the shock absorber under the same conditions, especially in terms of excita-
tion (training signal). Usually, the test is run according to the theoretical target damper
position signal which due to inaccuracies of the control system differs from the actual
position achieved by the testing machine. Therefore actual position signal is registered
during the test and sent as an input to the model. After the numerical results are avail-
able, both force signals (numerical and experimental) are compared by calculating the
difference. The result of this operation becomes a residual signal. By integrating the
absolute value of this residual signal, the total error between the test and simulation can
be obtained. This becomes a goal function that the optimization algorithm attempts to
minimize by adjusting the values of the parameters that are subject to the estimation.
However, when multiple parameters are used, the optimization hyperspace can become
very complex and some parameters that are being estimated can have a weak influence
over the goal function, whereas other parameters tend to dominate the residual signal. As
a result, the parameter identification procedure can require a large number of iterations.
Additionally, the risk related to such a situation is that good agreement between the
simulation and the experiment may be achieved even with not physically correct values
of the parameters. The sensitivity-based parameter estimation approach is an attempt
to mitigate these problems and make the overall process more robust.

The key principle behind the sensitivity-based approach used for the parameter es-
timation procedure is that it takes advantage of the fact that not all the considered
parameters are influencing the residual signal at the same time. This is particularly true
for the case of the semi-active shock absorbers where different passive valves are active at
different operating stages of the damper (e.g. compression, rebound, different active valve
flows). The sensitivity-based approach described in this chapter attempts to decompose
a singular large optimization problem into a number of smaller ones, each having its own
goal function that is focused only on the regions of the residual signal that are relevant
for the considered parameters.

In order to quantify when each of the parameters is influencing the residual signal,
the value of the first-order Sobol index is used. For this, a sensitivity analysis has to be
performed for each time point of the training signal. With a large number of parameters,
this itself might become a computationally demanding problem. However, in many cases,
based on the physical relations, certain parameters can be grouped a priori by the range
of their effect on the dynamic response of the damper. In the case of shock absorbers, all
the parameters related to the specific valve can be safely assumed to have an impact on
the residual signal roughly at the same time. By grouping the parameters and deriving
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combined Sobol indexes, the computation required to perform the sensitivity analysis
can be greatly reduced. After sensitivity signals for each of the groups are available, goal
functions can be derived by scaling the residual signal with the corresponding sensitivity
signal as represented in eq. 7.1.

J(i) =

∫ T

0

Ii(t) · |Ftest(t)− Fsimulation(Θi, t)| dt (7.1)

where I is the value of the sensitivity signal and Θi is the i-th set of parameters.
From the perspective of the computational cost, an additional challenge arises from

the fact that in order to calibrate each of the parameters group using a regular optim-
ization algorithm (e.g. genetic algorithm, as used in other cases), each group requires
separate iterations which means the amount of computation would multiply by the num-
ber of groups. Given the fact that for each iteration a complete damper model of the
shock absorber is used, it was proposed to synchronize optimization algorithms for each
group. Using genetic algorithms, this can be achieved in such a way that at each mem-
ber of the population, each algorithm contributes part of the chromosome to the main
optimization engine. When all the parts of the chromosome are available the iteration
is performed and the fitness is evaluated separately for each group. Such an approach
demonstrated using pseudocode 1 allows to computationally maintain only one optimiz-
ation process. This, however, from the perspective of the singular genetic algorithm, due
to higher-order sensitivities across different parameters causes the simulation to lose its
deterministic character. Although such side effects of synchronizing the sub-algorithms
might be confusing to the genetic algorithm, it has been demonstrated in [133], that
utilizing sensitivity scaling is improving the rate and quality of the obtained parameter
characterization.

7.2 Description of the parameter estimation procedure

In order to facilitate easy implementation of the developed model into the industrial
design processes, the parameter estimation procedure should allow for the characteriza-
tion of all the relevant parameters using simple, standard experimental methods. How-
ever, identifying all the unknown parameters related to the damper as well as to the
top mount would make the procedure unacceptably computationally expensive. For that
reason, it has been proposed to perform parameter estimation based on the two types
of the test, one at the shock absorber level and one at the assembly with the modular
components (most importantly top mount). Both tests are similar and can be easily
performed on the same test rig.

For both tests, the training signal (displacement excitation applied at the lower mount
of the damper) must cover a wide range of the typical conditions in which the shock
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Algorithm 1 Pseudocode of concurrently performed, sensitivity-based genetic al-
gorithms

absorber is envisioned to operate, with appropriate resolution. On the other hand, if the
training signal is too long, the optimization procedures will be unnecessarily extended
in time. Based on the review of the damper vibration levels caused by the typical road
excitation, a sinusoidal signal that covers the following characteristics has been defined
(see figure 7.1):

• 3 level of stroke: 50 mm, 30 mm and 10 mm
• 4 levels of excitation velocity: 0.25 m/s 0.5 m/s, 0.75 m/s, 1 m/s.

In order to characterize the parameters under different active valve settings, the entire
training signal is repeated at 3 levels of the active valve current: 0.32 A, 0.9 A and 1.6 A.
During all the tests, the temperature of the sample has been controlled and remained in
the range between 28-35°C.

Module level test Module level test has been proposed as an easy-to-implement al-
ternative to the regular measurement of the dynamic characteristics of the top mount
vibro-isolator. For that purpose, the mounting tool has been featured with the LVDT
position sensor which was attached rigidly via adapter to the piston rod. This allowed for
the registering of the displacement signal of the piston rod in relation to the top mount
housing (the entire test set-up can be seen in figure 7.3b whereas the top mount mounting
tool together with the LVDT sensor is shown in 7.2). The force has been captured with
the strain gauge-based load cell rated for measurements up to 1kHz. During the test, dis-
placement training signal (shown in 7.1) was prescribed to the actuator which was rigidly
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Figure 7.1: Training excitation signal used for the sensitivity-based parameter calibration
procedure

attached to the lower mount of the damper. As a result of the actuation and dynamic
response of the shock absorber, the piston rod has also been excited. By having the rod
position signal as well as force measurement it is possible to employ regular parameter
estimation procedures to establish values of the top mount model parameters. The ge-
netic algorithm has been used as an optimization algorithm with the same parameters as
in the parameters calibration method 1 (see table 6.4 for the limits set to the parameters
during calibration). In order to reduce the problem size of the parameter calibration, the
static curve has been approximated based on the force-displacement characteristic, with
the 5th-order polynomial using the least square curve fitting approach. The resulting
approximation can be observed in figure 7.4b.

Shock absorber level test The experimental test set-up used for the calibration
(which can be seen in fig. 7.3a) of the damper level parameters (valves and compliance
related) in principle does not differ from the standard layout used for the performance
measurements (as described in section 2.7). However, since the results have to be analyzed
also at a higher frequency range, it is important to ensure that the sensors are capable
of properly capturing this higher frequency content (up to ∼700Hz compared to <100Hz
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Figure 7.2: Overview of the tooling used during the module level calibration test to
register displacement of the rod in relation to the top-mount housing

for the typical performance-related test of the shock absorber). For that reason, during
the experimental measurements used for this calibration procedure, an additional strain-
gauge-based load cell, as well as a laser displacement sensor (Micron-epsilon IDL1900-100,
both suited for measurements at, at least 1kHz), were used. The same excitation and
verification signals were used during the module-level test, see figure 7.1.

As discussed in earlier paragraphs, a sensitivity-based approach has been used as
a parameter estimation method. However, due to the fact that the impact of the
compliance-related parameters overlapped with valve level sensitivities, this group of
parameters has been considered without the sensitivity scaling approach. The parameter
estimation procedure was performed using a genetic algorithm implemented within the
Python Scripting Language library: PYGAD [60].

7.3 Results of the calibration process

Top mount parameters estimation The goal of the module level test and calibra-
tion described in this section was to estimate the parameters of the top mount model
using a test set-up that is easily accessible at the testing facility of the shock absorber
suppliers. The results of this calibration exercise can be observed in figure 7.4a where
the measured force is compared with the response of the calibrated model. In terms of
dynamic characteristics of the calibrated top mount model, results can be observed in
figures 7.5a and 7.5b. Component-level test data were not available for the samples used
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(a) Shock absorber level test (b) Modular assembly test level

Figure 7.3: Test bench used for the experimental part of the sensitivity-based parameter
estimation procedure

for the model calibration described in this section. Furthermore, since the samples might
significantly differ from those used for the previous parameters estimation approach (de-
scribed in section 6.4), it was not possible to obtain test data for the model calibration
verification at the component level. However, the final verification of the module-level
model calibration, in the form of the rod acceleration measurements and simulation res-
ults should serve as an indication whether the top mount model calibration is sufficient
since any inaccuracies in the top mount model would inevitably impact the modular-level
simulation results.

Shock absorber parameters estimation Since the shock absorber level parameters
are estimated using a sensitivity-based approach, the first step was to carry out the
variance-based sensitivity analysis. Each group of the parameters (corresponding to each
of the passive valves) was assigned input values within provided ranges generated using
a low-discrepancy Saltelli sampler [26, 103]. For the sensitivity analysis, each group has
been analyzed considering 32 parameter combinations which for 4 groups resulted in
320 runs of the simulation. In the current experiment, the damper parameters related
to the compliance (undissolved gas content and bulk modulus of oil) were assumed to
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(a) Comparison of the force originating from
the test and calibrated model

(b) Identified static load-deflection character-
istic

Figure 7.4: Results of the top mount model calibration

have a uniform impact on the results with respect to time, and therefore they were not
included during the sensitivity analysis. After all the cases have been simulated, at each
time point, global, first-order Sobol indices have been established using variance-based
sensitivity algorithm [113, 104] implemented within SALib python scripting language
library [70, 73].

The resulting sensitivity signals were shown in figures 7.6a and 7.6b and as it can
be observed each of the valves at a certain point in time has a significant impact on
the results (high sensitivity values). Due to high restriction, shim stacks are usually
considered dominant in terms of impacting the damping forces whereas the impact of
the intakes valves tends to be regarded as insignificant. By investigating the correlation
between valve opening and values of sensitivities (shown in figures 7.6c and 7.6d) it can
be observed that when the shim valves (base valve compression and piston rebound)
are opening they indeed dominate response from the damper, however when shim valves
are closed, naturally the intake valves become more important. Given the fact, that
the intake valves open earlier than the shim valves (at high stroking velocities) there
are many damper operating stages that can be used to calibrate them. For semi-active
dampers similar conditions appear under low current at the active valve. In such a case,
the bulk of the flow is directed via intake valves and active valves. This also presents a
good opportunity for the parameter estimation algorithm to calibrate the parameter of
the intake valves.

After sensitivity signals were obtained it was possible to construct the goal functions
according to the equation 7.1. As discussed in 7.1 each group of parameters is calibrated
using a separate genetic algorithm. All algorithms are launched at the same time and
synchronization is realized by the fact that the calculation engine is designed in such
a way that it can only start the simulation when all the parts of the chromosome are
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(a) Dynamic stiffness (b) Loss angle

Figure 7.5: Dynamic characteristics obtained from the calibration top mount model
simulation at different excitation frequencies and amplitudes

provided by each of the genetic algorithms. The progress of each of the optimization
algorithms has been shown in Figure 7.7. Because the sensitivity-scaled residual impulse
is significantly lower than the complete residual (non-scaled) different scales have been
used for the comparison of the progress of the optimization algorithm. The best match
in terms of complete (non-scaled residuals) has been obtained for the 2639-th iteration.
Time-domain comparison of the force signal obtained from this iteration with the test
data has been done in figures 7.9a and 7.9a. The same set of data was used to prepare
the comparison of the force-displacement characteristic in figure 7.10.

Despite a good level of agreement between experimental and simulation force signals,
several noticeable discrepancies can be observed. The first discrepancy occurs at low
current and high excitation velocities. Since these conditions are related to high, dynamic
flows through the active valve, these inaccuracies can be attributed to the simplified
method of representing the active valve (look-up-table approach) which is not able to
capture the dynamic behavior of the active valve. The second discrepancy takes place
at high frequencies (high velocities at low strokes) at the beginning of the compression
stroke. This shape of the force-displacement curve is characteristic of the aeration of the
compression chamber during rebound stroke. This might originate from two reasons. The
first is high restriction at the base valve rebound (intake) direction which is accompanied
by too-low reserve chamber pressure. The second potential reason for this type shape of
force-displacement characteristic might be excessive sloshing in the reserve chamber which
causes the base valve to suck an oil-gas emulsion during rebound stroke. The third type
of noticeable discrepancy (which can be observed in figure 7.10) is related to the forces
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(a) Sensitivity signals - overview of the com-
plete training signal

(b) Sensitivity signals - focus on the high force
range

(c) Valves opening - Overview of the complete
training signal

(d) Valves opening - Focus on the high force
range

Figure 7.6: Sensitivity signals (first-order Sobol index) and valves opening of the different
passive valves. For clarity, the opening of the intake valves has been plotted with a
negative sign

generated at the end of the rebound stroke. This area of the graph depends on frictional
forces at the valve level which is excessive at low and mid-stroke under high active valve
current. However, when the current is decreased (0.9A) at the same strokes, the frictional
forces are underestimated by the model. Despite these minor inaccuracies, the overall
reproduction of the measured force by the model is good. This is not surprising since that
was a goal of the optimization algorithm. The first check that allows confirming that the
good model performance in terms of force signal is not a result of the overfitting is done
by comparing the results of simulation performed under random noise simulation (see fig
7.8a and 7.8b) which is different from the one used during calibration. In this case, the
level of agreement between the experimental results and simulation is also satisfactory.

Combined model An important practical value of the considered parameters estima-
tion method is the ability to use the calibrated model to analyze the dynamic properties
of the modular assembly. For this reason, the most interesting outcome of the model cal-
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Figure 7.7: Improvements in reduction of the residual between simulation and training
force signal across the iterations for each of the concurrent genetic algorithms

ibration exercise described in this section is the assessment of how well the module level
model (which was calibrated at the damper level) together with calibrated top mount
(using approach from section 7.2) is able to reproduce measured rod acceleration signal
at high-frequency tests.

For the sinusoidal excitation test (see subsection 2.7.3), results of this comparison
have been shown in figures 7.11, 7.12 and 7.13. Despite the relatively high noise level
present in the experimental results, the simulated rod acceleration signal closely follows
the test data. Two main acceleration peaks resulting from the opening of the intake valves
are much closer in terms of nominal value to their experimental counterparts (table
7.1) than those obtained from the model calibrated using the first approach (section
6.5, see figures 6.22, 6.21, 6.20 and table 6.5). Similarly, for the tests of the shock
absorber excited with the noise signal and analyzed in the frequency domain, the model
is able to accurately reproduce the noise profile at each of the active valve conditions
in the frequency range below 500Hz (figure 7.14 and table 7.2). Above this frequency,
experimental data show an abnormally elevated level of rod vibration which most likely
originated from the imperfect mounting structure which was used to assemble LVDT and
acceleration sensors. By comparing these results with those obtained from the previous
calibration approach (section 6.5 figure 6.30 and table 6.6), it can be observed that the
current method provides a noticeable better representation of the rod vibrations measured
during the test.
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(a) Part of the signal in time domain (b) Power spectrum density of the force signal

Figure 7.8: Comparison of the force signal obtained from the test and calibrated model
of shock absorber assembly under verification signal excitation

Table 7.1: Summary of the mono-sine test results of the test and simulation

Table 7.2: Summary of the random test results of the test and simulation

7.4 Conclusions

The alternative parameter calibration procedure described in this chapter was proposed
as an answer to concerns related to the industrial applicability of the standard parameter
calibration methods described in chapter 6 which is done on the subsystems level. Due to
the fact that the method proposed in this chapter operates on the level of the complete
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damper and module assembly, the overall amount of testing activities and handling of
experimental data is reduced. This comes at the cost of a more complex parameter
calibration procedure but if robust optimization methods are employed, this part is more
easily automated. From the perspective of the design engineer (who is considered a future
user of the developed methods) result of this procedure becomes effectively a digital twin
of the considered design.

The digital twin concept helps streamline the complex development lifecycle in mul-
tiple ways. First of all, a calibrated model (digital representation) of a product brings
flexibility when it comes to verification scenarios because, after the experimental tests
required for model calibration, a digital twin can be used for verification of various testing
specifications (performance, NVH related problems, control algorithms, extreme loading
scenario predictions) without additional physical samples. Secondly, with the digital twin
concept, the analysis of the damper behavior brings much richer insight into the results,
because the model allows to easily track various physical quantities (not only force or
acceleration but also flow rates, pressures, valve opening, etc.). However, above all, the
digital twin concept provides design engineers with the ability to rapidly analyze the
consequences of potential design changes. This is especially relevant in situations when
the environment for storing the digital twin data is established and maintained.

As has been discussed, the application of the digital twin concept can bring significant
benefits to the designing process teams but in order to utilize these advantages, the
quality of the underlying model and parameter values have to be confirmed. The most
important physical quantity used for the verification is rod acceleration. As can be
observed in figures 7.11 - 7.13, even though the parameter estimation was performed
based on the damper force, the module level rod accelerations are well reproduced for
both sine (summary table 7.1) and random (summary table 7.2) signal excitation.

Based on the comparison with the previous model calibration procedure (chapter 6
results summary in table 6.5 and 6.6), it can be concluded that the procedure described
in this section allows for a more accurate reproduction of the rod acceleration during
the high-frequency test for both sine and random noise excitation. Better quality of
the calibration can be attributed to more diverse excitation conditions when using an
assembled system for the calibration test. In particular, valve characterization using a
flow-bench test machine allows for capturing only static flow conditions. Another reason
for the better quality of the model calibration when using assembled damper is the lack
of tooling and measurement system influence which is inevitable with the application of
the isolated test system.

Since the shim valves are primary passive valves used to control the damping force
exerted by the shock absorber the role of the intake valves might be underestimated.
This might create concern regarding the identifiability of these valves. However, the
sensitivity study showed that each of the passive valves at specific actuation conditions
has a significant influence over the damper force and therefore can be calibrated.
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(a) Overview of the complete training signal

(b) Focus at the high force cycles

Figure 7.9: Comparison of the force signal obtained from the test and model after para-
meters have been calibrated with sensitivity-based parameters estimation procedure
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Figure 7.10: Comparison of force-displacement characteristics obtained from simulation
and physical test
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Figure 7.11: 16Hz excitation 0.5m/s at 10mm stroke with 0.32A active valve current

Figure 7.12: 16Hz excitation 0.5m/s at 10mm stroke with 0.9A active valve current
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Figure 7.13: 16Hz excitation 0.5m/s at 10mm stroke with 1p6A active valve current

Figure 7.14: Comparison of power spectra of rod acceleration signals obtained from
simulation and physical test, solid line - test, dotted line - simulation results
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Chapter 8

Summary and discussion

It is probably not uncommon, that the initial goals formulated at the beginning of the
Ph.D. project that led to this dissertation seemed quite vague and it was not entirely
clear at that stage what exactly should become the focus of the investigation and further
development. There was no doubt that the dynamic behavior of the existing and newly
developed shock absorber design (particularly semi-active ones) was important and that
computer modeling was the most efficient approach that could be employed to enable the
engineers and industrial partners to predict it at the early stages of the project.

A big part of the initial confusion was related to the fact that both, in literature
as well as in industrial practices, there is a strong distinction between lateral and axial
dynamics of the damper. After studying both mechanisms it has become clear that
although these two aspects of the damper dynamics can influence each other (albeit,
the link remains obscure), each is largely governed by different physical phenomena and
most importantly, the starkly different toolset is required for the analysis of each (detailed
discussion regarding both can be found in section 2.6 ). One of the relevant differentiating
factors for both aspects of the damper dynamics is that axial rod vibrations, unlike lateral
behavior of the damper structure, are self-induced due to the nonlinearities created by
the combination of the excitation, internal valving, damper compliance and top mount
stiffness characteristics. This makes the damper supplier a directly responsible entity
for any deficiencies within this domain. Conversely, the structural lateral aspects of
the damper behavior are always strongly related to the dynamic response of the entire
suspension and are merely one of many elements that comprise the larger problem. For
this reason as well as due to the fact that the self-induced axial damper vibrations are less
predictable and understood, the industrial partner company was much more incentivized
to pursue progress in this domain. Therefore, self-induced axial rod vibrations were
selected as a primary subject of the modeling and investigation.

After establishing the true focus and boundaries of the project, it was imperative to
perform a detailed survey of the literature as well as industrial knowledge and practices

119



Chapter 8 Summary and discussion

in the relevant domains. Based on the results of that survey as well as on the results
of concurrently performed consultation with the engineering community of the industrial
partner company, a set of requirements for the model has been formulated (for detailed
description, see section 3.3). Based on these guidelines and after the process of exper-
imentation by trial and error with various modeling concepts, the computer model was
proposed (see chapter 4). Since it has been established that a wide range of physical
phenomena such as shim valve friction, hydraulic stiction forces as well as distributed
compliance of the damper are important and should be captured by the simulation, the
proposed model is characterized by a relatively high level of complexity. The main mod-
eling simplifications in the form of empirical representation of the passive valve stiffness
as well as active valve flow characteristics originated from the structure and organization
of the engineering resources present in the systems of the industrial partner. This mod-
eling functionality was already covered by the dedicated systems and tools (separately
improved and maintained) therefore it was counterproductive to incorporate them within
the developed model. In terms of the modeling environment, a strong emphasis was put
on the flexibility of design modification as well as on the ability to combine the proposed
model with other suspension systems (e.g. rebound or compression end-stops solutions).
As a result, the proposed model can capture all the important physical phenomena that
contribute to the rod accelerations and at the same time it is well suited for industrial
application and integration with other components and subsystems of the automotive
suspension.

However, due to its complexity, some input parameters could not be directly linked
to the design features. Therefore, in order to facilitate easy implementation into the
industrial standard processes, a large part of the attention was dedicated to the study
of the potential ways of model calibration. For this purpose, multiple rounds of calibra-
tion activities were performed for the most important subsystems which included passive
valves, compliance-related parameters as well as dynamic properties of the vibroisolator
(top mount). Based on the performed parameters calibration, model accuracy was ana-
lyzed by comparing the module-level simulation results with experimental measurement.
The study was performed using a one-factor-at-a-time experiment to analyze the fidelity
of the model under various design scenarios (see chapter 6). Despite noticeable discrepan-
cies in terms of rod acceleration peaks, thanks to the correct representation of the trends,
the model together with the proposed model calibration procedure has been judged suit-
able and useful for engineering design development purposes. However, during this study
of the model calibration methods, the practical difficulties related to the complexity and
workload required for the parameter calibration process were observed and it has become
clear that the proposed method might pose significant challenges for the application in
the industrial setting. For that reason, a second approach was proposed, in which all the
damper parameters are calibrated at the same time using complete damper and module
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measurement (instead of isolated subsystems as proposed previously). In contrast to the
previous method, in this case, the main challenge was related not to the experimental
part but rather to the computational effort required for the model calibration done for a
large number of parameters simultaneously. As an attempt to improve this process, the
sensitivity-based calibration procedure has been proposed. The main underlying prin-
ciple behind it is to utilize only those parts of the training signals (in terms of the time
ranges) that are influenced by the parameters being calibrated. For example, during
the operation of the shock absorber, certain valves actively contribute to the damping
force generation only at specific phases of the damper actuation (i.g. compression or
rebound) therefore by focusing on those time ranges, the calibration procedure can be
more robust. The proposed method which was described in chapter 7 has been verified
at the damper as well as the modular level. The most important comparison from the
perspective of the practical application was performed for the rod accelerations under
module-level, high-frequency tests (see figures 7.11, 7.12, 7.13 and 7.14) and it proved
that the sensitivity-based approach for the parameter calibration indeed brings a signi-
ficant improvement to the quality and the rate of the parameter tuning.

Compared to the previous approach to the parameters calibration (which is performed
on the isolated subsystem level), the sensitivity-based method can only be carried out
when the physical sample of the shock absorber is available. This obviously is an im-
portant limitation. On the other hand, this approach can be adopted as a basis for the
digital twin design development philosophy, according to which, each physical sample
(during the development process) should have its digital counterpart. This enables to
shift a large part of the performance-related testing into the virtual realm. Since a typ-
ical design validation plan consists of a large number of various test requirements which
are performed at various development stages, the digital twin concept can replace com-
plex test schedules with short and cheap physical characterization tests. Another benefit
of utilizing the digital twin concept is that it allows for accumulation of the product
performance knowledge in a organized and formalized fashion, since as a result of the
model calibration, detailed information related to the damper and its characteristics is
captured. In contrast, typical experiments for the design validation plan focus only on
the specific aspect of the damper such as low-frequency characteristics, hysteresis, etc.

As a result of the performed work, the computer model has been proposed which
is capable of capturing all the relevant physical phenomena related to the axial rod
vibration occurring in the frequency range of up to 500Hz. It can be used at various
stages of damper design development and easily modified and adapted for various related
activities. Two distinct parameter calibration procedures can be employed, each having
its own advantages and limitations.
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8.1 Industrial implementation

It has been recognized relatively early in the project timeline that in order to satisfy the
requirements of the industrial implementation and to effectively manage the complexity of
various simulation tools and parameter calibration methods together with a large number
of input parameters and test data, a dedicated scripting environment will be necessary
which will serve as an application programming interface for the developed tools and
gathered data. As a result, the model and parameters management environment has
been prepared using Python Scripting Language. It consisted essentially of two separate
repositories: the Amesim simulation engine and the parameters management system.
The first part encapsulated functionality related to managing simulation. Due to the
software requirement, it was based on the Amesim Python distribution and facilitated
remote simulation launching and results postprocessing. The second part (which due
to lack of software-specific requirements was based on the separate Python distribution)
included functionality related to the parameter calibration procedures which relied on
the independent libraries used for various subprocesses such as optimization (using [60])
and sensitivity study (using [70]). This code repository was also responsible for the
database connection (SQLight) and experimental data processing. The simulation engine
part of the interface has been published on the code hosting platform github.com and
can be accessed at [120]. In the later stages of the project, the prepared programming
environment has been featured with the web-based interface that is part of the engineering
tools platform of the industrial partner. It allows users to use already programmed
parameterization methods, run simulations and analyze both simulation and experimental
results, remotely, via a web browser interface without the need for any additional software
installation. Thanks to the prepared programming interfaces as well as detailed user
specifications, the developed methods which are inherently complex can be used as ready-
to-use tool by engineers without detailed knowledge and understanding of the underlying
functionality. This approach ensures that the developed methods can be practically
utilized in the industrial environment.

From the perspective of experimental procedures that have to be carried out in order
to calibrate future designs, it has been recognized that the initially proposed method is
too complex. Although it has been documented and could be used if necessary, a second
approach has been prepared that allows to perform the calibration based on a much
simpler testing procedure.
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List of Symbols

The next list describes symbols that were used within the body of the document

Γ Polytropic index, see eq. 4.15

ν Poisson’s ratio, see eq. 4.17

ψ Wall compliance, see eq. 4.17

ρ Density of the hydralic medium, see eq. 4.8

E Young modulus, see eq. 4.17

K Bulk modulus, see eq. 4.9

m Mass, see eq. 4.8

p Pressure, see eq. 4.8

Q Volumetric flow rate, see eq. 4.9

V Volume, see eq. 4.8

Damper model

Ab Surface area of the piston on which the compression chamber pressure is applied,
see eq. 4.1

Ar Surface area of the piston on which the rebound chamber pressure is applied, see
eq. 4.1

DPT Inner diameter of the pressure tube, see eq. 4.2

DR Outer diameter of the piston rod, see eq. 4.3

Fµ Total frictional force induced at the rod guide and piston berings and sealing, see
eq. 4.1

Fd Rod force exerted by the shock absorber, see eq. 4.1

Ftm Force exerted on the rod by the top mount, see eq. 4.4

Kb Effective bulk modulus of the third tube chamber, see eq. 4.12

Kc Effective bulk modulus of the compression tube chamber, see eq. 4.11

Kr Effective bulk modulus of the rebound tube chamber, see eq. 4.10

lc0 Length of the compression chamber at damper initial position, see eq. 4.5

lr0 Length of the rebound chamber at damper initial position, see eq. 4.6

129



Mrod Mass of the rod assembly (including all the components rigidly attached), see
eq. 4.4

Pb Pressure in the third tube, see eq. 4.12

Pc Pressure in the compression chamber, see eq. 4.1

Pr Pressure in the rebound chamber, see eq. 4.1

Qa Volumetric flow rate through the active valve, see eq. 4.12

Qbp Vloumetric flow rate through the base valve, see eq. 4.12

Qbv Volumetric flow rate through the third tube orifice, see eq. 4.11

Qp Vloumetric flow rate through the piston valve, see eq. 4.11

ri Inner radius of the third tube, see eq. 4.17

ro Outer radius of the third tube, see eq. 4.17

Vb Volume of the third tube chamber, see eq. 4.7

Vb Volume of the third tube chamber, see eq. 4.12

Vc Volume of the compression chamber, see eq. 4.6

Vr Volume of the rebound chamber, see eq. 4.5

xtube Displacement of the damper tube in relation to rod (positive -> compression of
the damper), see eq. 4.5

Hydraulic medium

χ volumetric gas content of the emulsion, see eq. 4.15

ρeml Density of the oil-gas emulsion, see eq. 4.15

ρgas Density of the gas, see eq. 4.15

ρoil Density of the oil, see eq. 4.15

θ Volumetric fraction of undissolved gas, see eq. 4.14

Keml Bulk modulus related to the compresibility of the hydraulic medium (oil gas emul-
sion), see eq. 4.13

Koil Bulk modulus of the oil, see eq. 4.15

Ktotal Effective bulk modulus of chamber, see eq. 4.13

Kwall Bulk modulus related to the wall compliance, see eq. 4.13

Pref Reference pressure, see eq. 4.15

Psat Oil saturation pressure, see eq. 4.15

Pvap Oil vaporisation pressure, see eq. 4.14

Tref Reference temperature, see eq. 4.15
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Parameter identification

Θ Estimated parameters, see eq. 7.1

Fsimulation Force generated by shock absorber during simulation, see eq. 6.2

Ftest Force generated by shock absorber during test, see eq. 6.2

I First order Sobol index

J Goal function, see eq. 7.1

Rod friction modeling

αs Stribeck effect coefficient, see eq. 4.38

as Stribeck constant, see eq. 4.41

ccomp Tangential compliance damping coeff., see eq. 4.39

Fc Coulomb friction force, see eq. 4.41

Fs Static friction, see eq. 4.41

kb LuGre bristles stiffness, see eq. 4.38

s1 Bristle damping coefficient, see eq. 4.38

s2 Viscous friction coefficien, see eq. 4.38

vd Velocity threshold, see eq. 4.39

z Bristle deflection, see eq. 4.39

Valve stiffness approximation

a First stiffness approximation coefficient, see eq. 4.19

b Second stiffness approximation coefficient, see eq. 4.19

c Third stiffness approximation coefficient, see eq. 4.19

d Fourth stiffness approximation coefficient, see eq. 4.19

Top mount

C0 Produces the roll-off observed in the experimental data at low velocities, see
eq. 4.34

C1 Accounts for the relaxation of the bushing impact force, see eq. 4.34

C3 Represents the viscous damping observed at large velocities, see eq. 4.34

K0 Represents the bushing rubber stiffness, see eq. 4.33

K1 Represents the bushing rubber stiffness, see eq. 4.33

K3 Rubber stiffness at high velocities, see eq. 4.33

P0 Scale factor for stiffness, see eq. 4.35

P1 Scale factor for stiffness, see eq. 4.35
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P3 Scale factor for stiffness, see eq. 4.35

Q0 Scale factor for damping, see eq. 4.34

Q1 Scale factor for damping, see eq. 4.34

Q3 Scale factor for damping, see eq. 4.34

R The cutoff frequency related to a first order filter that acts on the input X, see
eq. 4.32

XStatic The static force response of the bushing, see eq. 4.37

xtm Top mount input displacement, see eq. 4.32

Valve modeling

α Dahl coefficient controlling shape of the stress-strain curve, see eq. 4.26

∆ptest Pressure drop during the test, see eq. 6.1

λ Flow number, see eq. 4.31

λcrit Critical flow number, see eq. 4.30

µ Viscosity of the hydraulic medium, see eq. 4.25

ν Kinematic viscosity, see eq. 4.31

σ0 Dahl’s friction stiffness coefficient, see eq. 4.26

ζ Angle of the deflected oil stream, see eq. 4.23

Ableed Flow area of the valve bleed

Afi Flow area due to opening of the intake disc, see eq. 4.28

Afs Flow area due to opening of the shim stack disk, see eq. 4.27

Af Flow area, see eq. 4.23

Aslot Flow area of the valve slot

Cq,max Discharge coefficient at turbulent flow regime, see eq. 4.30

Cq Discharge coefficient, see eq. 4.30

cv Valve damping, see eq. 4.20

Dc Inner diameter of the valve slot, see eq. 4.21

Dd Outer dimeter of the valve disc, see eq. 4.21

DHyd Hydraulic diameter, see eq. 4.31

Dh Inner diameter of the intake valve disc

Dh Inner diameter of the intake valve disk

Di Outer diameter of the valve slot, see eq. 4.21

F∆p Force exerted on the valve due to pressure differencial, see eq. 4.20
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Fµ Force exerted on the valve by the friction forces, see eq. 4.20

Fc Coulomb (dynamic) friction coefficient, see eq. 4.26

Fk Force exerted on the valve due to valve stiffness, see eq. 4.20

Fm Force exerted on the valve due to change of flow momentum, see eq. 4.20

Fpreload Valve stiffness preload, see eq. 4.19

Fst Force exerted on the valve by stiction force, see eq. 4.20

mv Mass of the valve moving part, see eq. 4.20

p1 Pressure in chamber above the considered valve, see eq. 4.21

p2 Pressue in the chamber below considered valve, see eq. 4.21

psimulation Pressure during the simulation, see eq. 6.1

T Total duration of the simulation or test, see eq. 6.1

Vf Flow velocity, see eq. 4.23

xv0 Initial valve separation distance for the stiction force calculation, see eq. 4.25
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